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Fleming KOHLENBERG
DLR, Institut fir Antriebstechnik, Berlin

Uber Helmholtz-Resonatoren mit flexiblen Winden zur Schalldimpfung
Technische Universitat Berlin (Dissertation)

Flugzeugtriebwerke sind eine Hauptquelle fur Larm, der Gesundheit und Lebensqualitat von
Anwohner in der Nahe von Flughéafen beeintrachtigt. Zukiinftige Triebwerke werden aus
Effizienzgriinden gréRer und der Larm daher tieffrequenter werden, welchen konventionelle
Dampfungsstrukturen (Liner) nicht effektiv ddmpfen kénnen. In dieser Arbeit wird ein neues
Linerkonzept untersucht: ein HelImholtz-Resonator mit flexibler Wand, der durch
strukturd@ampfende Schwingungen zusatzliche Dampfung erzeugt und das Resonanzverhalten
verandert.

Zur Vorhersage der akustischen Eigenschaften wurde ein analytisches und ein numerisches
Modell entwickelt. Das analytische Modell ermdéglicht ein besseres Verstandnis der
physikalischen Mechanismen wahrend das numerische Finite-Elemente-Modell die Kopplung
zwischen Resonator und Wand detaillierter auflést und eine Visualisierung der Schallfelder und
Schwingungen ermdglicht. Zur Validierung wurde ein modularer Prototyp designt und im
Impedanzrohr untersucht, wobei Perforat, Wandmaterial, Form und Kavitatstiefe variiert
wurden. Mit Laservibrometrie und internen Mikrophonen wurden Wandschwingungen und
Schallfelder erfasst. Auch eine zusétzlich designte mehrzellige Probe zeigte unter realistischen
Bedingungen (hohe Schalldruckpegel, Uberstrémung) zusétzliche Dampfung beim streifenden
Schalleinfall.

Die Ergebnisse bestéatigen, dass das Konzept sowohl bei direktem als auch bei streifendem
Schalleinfall mit und ohne Strémung wirkt. Die validierten Modelle bilden die Grundlage fir die
Optimierung und zukiinftige Anwendung zur effizienten Reduktion von Fluglarm.

Aircraft noise, acoustic liner, noise reduction, resonance, acoustic impedance

(Published in English)
Fleming KOHLENBERG
German Aerospace Center (DLR), Institute of Propulsion, Berlin

About Helmholtz Resonators with Flexible Walls for Acoustic Damping
Technische Universitat Berlin (dissertation)

Aircraft engines are a major source of noise, affecting health and quality of life near airports. To
reduce fuel consumption, future engines are expected to be larger and produce more low-
frequency, broadband noise—challenging conventional liners. This thesis investigates a new
liner concept combining a Helmholtz resonator with flexible walls to enhance damping via
structural losses and modify resonance behaviour. An analytical and numerical model were
developed to predict the acoustic performance of the coupled system, consisting of a perforated
face sheet and a cavity divided by a flexible wall. The analytical model enables physical insight
into the damping mechanisms, whereas the finite element model resolves detailed coupling
effects and visualises sound fields and vibrations.

A modular Helmholtz resonator with a flexible wall was designed and tested in a normal
incidence tube, enabling a systematic study of face sheet, wall material, shape, and cavity
depth to validate the models. In-situ measurements used a laser vibrometer and cavity
microphones. An additional multi-cell liner tested under grazing flow with high sound pressure
levels confirmed additional dissipation in realistic conditions.

Results show the concept effectively enhances damping under both normal and grazing
incidence, with and without flow. The validated models provide a foundation for future
optimisation to efficiently reduce aircraft noise.
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ZUSAMMENFASSUNG

Flugzeugtriebwerke sind eine makgebliche Larmquelle die ein Gesundheitsrisiko und eine
Belédstigung fiir die Anwohner in Flughafenndhe darstellt und deshalb reduziert werden
sollte. Um den Treibstoffverbrauch zu senken werden zukiinftige Triebwerke vorraussichtlich
grofer und deren Larm demnach tieffrequenter und breitbandiger. Konventionelle Dadmp-
fungsstrukturen (Liner) in Flugzeugtriebwerken konnen diesen Larm nicht wirksam ddmpfen.
Daher miissen neuartige Liner entwickelt werden, die eine hohere und breitbandigere Schall-
dampfung bei niedrigeren Frequenzen bei gleichzeitig kleinerem Bauraum erreichen.

In dieser Arbeit wird ein neuartiges Linerkonzept untersucht, bei dem ein herkémmlicher
Helmholtz-Resonator-Liner mit flexiblen Wanden kombiniert wird, um durch gedampfte
Strukturschwingungen fiir zusétzliche Dampfung zu sorgen und das Gesamtresonanzverhal-
ten zu verdndern. Fiir einen erfolgreichen zukiinftigen Einsatz muss dieses Linerkonzept
vorhersagbare akustische Vorteile bieten. Daher wird in dieser Arbeit untersucht, ob die
flexiblen Wénde fiir zusétzliche Dampfung sorgen und wie das Verhalten des Gesamtsystems
mit mehreren Freiheitsgraden verstanden und modelliert werden kann.

Im Rahmen dieser Arbeit wurde ein analytisches und ein numerisches Modell des Liner-
konzepts entwickelt, um die akustischen Eigenschaften des gekoppelten Resonatorsystems
vorherzusagen. Dieses besteht aus einem Perforat und einer Kavitét, die durch eine flexible
Wand unterteilt ist. Das analytische Modell kombiniert die Effekte der einzelnen Elemente
mithilfe der Wellenleitertheorie. Die Effekte des Perforats werden durch semi-analytische
Modelle aus der Literatur beriicksichtigt. Die flexible Wand wird als dquivalente Impedanz
einer diinnen eingespannten rechteckigen oder kreisférmigen Platte modelliert, bei der
héhere Plattenmoden mitberiicksichtigt werden. Die mechanischen Verluste innerhalb des
Materials werden dabei durch einen komplexen Elastizitdtsmodul abgebildet. Das analy-
tische Modell tragt zum Verstdndnis der zugrundeliegenden physikalischen Mechanismen
des Konzepts bei und erméglicht eine schnelle Vorhersagemoglichkeit. Zusétzlich wurde
ein numerisches Finite-Elemente-Modell erstellt, um die Kopplungseffekte zwischen dem
Helmholtz-Resonator und den flexiblen Platten detaillierter aufzulésen. Die Visualisierung
der rdaumlichen Schallfelder und der strukturellen Schwingungen helfen bei der Erklarung
der Wirkmechanismen. Auferdem erméglichen die numerischen Simulationen auch eine
Quantifizierung des Dampfungsbeitrags der flexiblen Wand zur gesamten Schallabsorption.
Im Rahmen dieser Arbeit wurde ein modularer Helmholtz-Resonator mit einer flexiblen
Wand entworfen und in einem Kundt’schen Rohr untersucht. Die Modularitiat erméglicht
eine Untersuchung von Einzelelementen wie dem Perforat, dem Material, der Form und
Grofe der flexiblen Wand sowie der hinteren Kavitétstiefe. Diese experimentellen Ergebnisse
bieten eine Validierungsgrundlage fiir die analytischen und numerischen Modelle. Zusétzlich
wurde die Wandschwingungen in-situ mit einem Laservibrometer und zusétzlichen Mikro-
phonen innerhalb der Resonatorzelle untersucht.

Eine mehrzellige Linerprobe, die in einem Stromungspriifstand mit streifendem Schalleinfall
getestet wurde, zeigte zusétzliche Dissipation auch unter realistischeren Bedingungen mit
hohen Schalldruckpegeln und Uberstrémung.

Die experimentellen Ergebnissen zeigen, dass das neuartige Linerkonzept sowohl bei direkten
als auch bei streifendem Einfall fiir zusétzliche Dissipation sorgt. Die validierten analyti-
schen und numerischen Modelle bieten eine Grundlage fiir die zukiinftige Optimierung und
Auslegung des neuartigen Linerkonzepts, um Fluglarm in Zukunft effizient zu reduzieren.



ABSTRACT

Aircraft engines are a dominant contributor to aircraft noise, which needs to be reduced
because it impacts the health and quality of life of dwellers in the vicinity of airports.
To reduce fuel consumption, aircraft engines are expected to become larger with a more
low-frequency and broadband noise signature. Conventional damping structures (liners) in
aircraft engines cannot effectively attenuate such noise. Therefore, novel liners need to be
developed that achieve higher and broader peak noise attenuation at lower frequencies.
This thesis investigates a novel liner concept in which a conventional Helmholtz resonator
is combined with flexible walls. These flexible walls are expected to alter the resonance
behaviour and provide additional damping through mechanical losses. For a successful
future application, this liner concept needs to be acoustically beneficial and predictable.
Therefore, it is investigated whether the flexible walls provide additional damping and
how the behaviour of this multi-degree-of-freedom damping system can be understood and
modelled.

To answer these questions, an analytical and numerical model of the liner concept was
developed to predict the acoustic properties of the coupled resonator system. The coupled
resonator system consists of a face sheet and a cavity, which is subdivided by a flexible wall.
The analytical model combines the effects of individual elements using waveguide theory.
Face sheet effects are accounted for by semi-analytical models from the literature. The
flexible wall is modelled as an equivalent impedance of a thin clamped rectangular or circular
plate that takes into account higher-order plate modes. Mechanical losses are represented
by a complex Young’s modulus. The analytical model offers a physical understanding of
the concept and a fast approach to investigate the individual contributions towards the
overall damping capabilities. A numerical finite element model was created to resolve the
coupling effects between the Helmholtz resonator and the flexible plates in greater detail.
Additionally, resolving the spatial sound fields and structural vibrations can be used to gain
a deeper understanding of the underlying physics. The numerical simulations also allow
the quantification of the contribution of the flexible wall to the overall noise absorption.
A modular Helmholtz resonator with a flexible wall was designed and evaluated in a normal
incidence tube. The modular approach allowed for an investigation of the sub-elements
of the liner structure like the face sheet, flexible wall material, shape, and back cavity
size. These experimental results provide a validation basis for the analytical and numerical
models. Additionally, the plate behaviour was investigated in-situ using a laser vibrometer
and cavity microphones.

A multi-cell liner sample tested in a grazing flow test rig showed that additional dissipation
is also achieved in more realistic conditions with high sound pressure levels and grazing
flow.

The experimental results demonstrate that the novel liner concept provides additional
dissipation, both in an acoustic normal and grazing incidence setting with and without
grazing flow. The validated analytical and numerical models provide a basis for future
optimisation of the proposed concept to efficiently reduce future aircraft noise.
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Nomenclature

Latin symbols

a Plate length m
Aoy Cavity cross section m?2
acay  Distance between hole centre and cavity wall m
Ap  Duct cross section m?
Ay Hole cross section m?
Ap Plate area m?
Aot Reference area around each orifice m?2
b Plate width m
c Mean speed of sound ms~!

Cq Discharge coefficient -
D Flexural rigidity Pam-
d Diameter m

D%, D~ Energy dissipation coefficient downstream and upstream —

deay  Cavity diameter m
E Young’s modulus Pa
f Frequency Hz
fepr Blade passing frequency Hz
fe Cut on frequency of first higher order duct mode Hz
fur  Helmholtz resonance frequency Hz
fmn  Plate eigenfrequency for mode m,n Hz
hi Face sheet thickness with end corrections m
his Face sheet thickness m
hp Plate thickness m
I Area moment of inertia m?

Iy Modified Bessel function of the first kind of m*" order —

I,y Abbreviations in plate impedance derivation

VIl



ko
K,
keay
kph
Kn
ky

Imaginary number

Bessel function of the first kind of n*" order
Free field acoustic wavenumber

Free bending wave number

Wavenumber inside cavity

Wavenumber inside plate holder

Thermal diffusion wave number

Viscous diffusion wave number

k(ey,-) Spatial acoustic wavenumber

L
leav,
leavs
leav
Iph

lX.VyP

My
MHR
n,m
ny,

Tfs

p
P
p/

/
Pin

Liner length

Main cavity depth

Back cavity depth

Cavity depth

Plate holder thickness

Plate square length

Duct length

Duct width

Duct height

Mach number

Mean grazing flow Mach number
Equivalent mass of a Helmholtz resonator
Axial and lateral mode number

Number of blades

Number of orifices per unit area

Complex acoustic pressure amplitude
Complex plane wave pressure amplitude downstream and upstream
Acoustic pressure

Incident sound pressure level

P*, P~ Acoustic energy flux downstream and upstream

bo
Pr

q
dy

Ambient static pressure
Prandtl number
Acoustic volume velocity
Hole diameter

Amplitude reflection coefficient

m

m



R™, R~ Energy reflection coefficient downstream and upstream

rt

D
Th
Tport
R,
T

Ry
Ty, Ty
S
SHR
Sh
St

T

t

77,7

Amplitude reflection coefficient downstream and upstream
Duct radius

Hole radius

Reflection coefficient at port boundary in numerical simulations
Outer radius of circular plate

Circular plate radius

Specific gas constant

Reflection coefficient at the duct walls

Scattering matrix

Equivalent stiffness of a Helmholtz resonator

Shear wave number

Strouhal number

Ambient temperature

Time

T*, T~ Energy transmission coefficient downstream and upstream

t*,¢t~ Amplitude transmission coefficient downstream and upstream

U

u*
ug
Uc]
Ugp

uy

Ush
'lf)p
Weav
Wph

Wp

Wmn

Perimeter

Skin friction velocity

Bulk velocity

Centre line flow velocity

Grazing flow velocity

Flow velocity in face sheet hole

Acoustic particle velocity

Acoustic particle velocity in the face sheet hole
Cavity volume

Plate velocity

Shaft rotation speed

Plate displacement amplitude

Normalised wave impedance inside cavity
Normalised wave impedance inside plate holder
Plate displacement

Modal deflection amplitude

x,y,z Spatial coordinates



X,»  Beam mode shape of order m

T Axial position of n'® microphone

Y. Beam mode shape of order n

Zy,  Transfer impedance of a circular plate
Zpny  Transfer impedance of a rectangular plate
Zpq  Acoustic impedance

Zpv  Specific acoustic impedance

Z, Plate transfer impedance

Greek symbols

«@ Normal incidence sound absorption coefficient

Qoo Geometrical tortuosity

Qih Thermal diffusivity

X Normalised specific acoustic reactance

Xcav  Normalised specific acoustic cavity reactance

Xfs Normalised specific acoustic face sheet reactance

xur Normalised specific acoustic reactance of a simplified Helmholtz resonator
Ap  Sound pressure difference

0* Boundary layer displacement thickness

0add,gf End correction for grazing flow

0add  End correction length

Agpr, Sound pressure difference between main and back cavity
Oth Thermal boundary layer thickness

0y Viscous boundary layer thickness

dfinouty One sided end correction length

n Mechanical loss coefficient

Njk Mode coupling factor

Propagation constant

Isentropic exponent

= 2 Ao

b Plate edge

K Empirical constant

Kgf Empirical constant to account for grazing flow

Knl Empirical constant to account for high sound pressure levels

A Acoustic wavelength

Pasm™"

Pasm™!

Pasm™

Pasm™!

Pasm™

Pa

m

m

dB



Amn  Modal frequency parameter -
o Dynamic viscosity kgm~ts™!
v Kinematic viscosity m?s~!
vp Poisson’s ratio -
w Angular frequency Hz
wmn ~ Modal angular resonance frequency Hz
P Hole and wall interaction factor -
Prock  Hole and wall interaction factor by Fock -
Pl Reactance correction due to high sound pressure levels and grazing flow -
Ymmn Plate mode shape function of m,n'" mode -
o Mean density of air kgm™3
Pp Plate density kgm™—3
o Face sheet porosity or open area ratio —
ot Fluid resistivity kgm 352
0 Normalised specific acoustic resistance -
Ot Normalised specific acoustic resistance due to grazing flow —
Oniygr Normalised specific acoustic resistance due to high sound pressure levels and grazing
flow —
On1 Normalised specific acoustic resistance due to high sound pressure levels -
Pe Effective density kgm™3
© Azimuthal angle °
13 Hole to wall fraction -
4 Acoustic particle deflection m
¢ Normalised specific acoustic impedance -
Cblth  Normalised specific acoustic impedance of the thermal boundary layer —
(cav  Normalised specific acoustic cavity impedance -
Cts Normalised specific acoustic face sheet impedance -
Ch Normalised specific impedance of one face sheet hole -
Copt  Optimal normalised specific impedance —
Cr1-¢) Intermediate impedances in analytical model —
Abbreviations
AAC Adaptive Noise Absorption Control

ANC

Active Noise Control



avg  Average

cav  Cavity

D-NIT DLR-AT-TRA — Normal Incidence Tube
DDOF Double-degree of freedom

DUCT-NIT DUct aCoustic Test rig — Normal Incidence Tube configuration
DUCT-R DUect aCoustic Test rig — Rectangular configuration
EBA Ethylene butyl acrylate

FEM Finite Element Method

FS Face sheet

FXW Flexible wall

of Grazing flow

HR  Helmholtz resonator

MDOF Multi-degree of freedom

nl Nonlinear

OTR Over-the-rotor

ph Plate holder

RMS Root mean square

SDOF Single-degree of freedom

SPL  Sound pressure level

TPU Thermopolastic polyurethan

UHBR Ultra High Bypass Ratio



1. Introduction

‘Humanity has always dreamt of flying — but the dream is cursed.”’ Modern aeroplanes turn
that dream into reality. Civil aeroplanes connect civilisations, yet they are a significant
contributor to human-caused climate change, with ~ 3% of total global CO5 emissions.
These emissions are projected to reach 2.6 times 2021 values in 205001, Additionally, noise
from aircraft negatively affects the crew, staff, and passengers on the aircraft and airport,
as well as residents in surrounding communities in the vicinity of airportsf?l. Aircraft
noise is associated with the risk of hypertension, incidence of Ischaemic Heart Disease, and
obesity, albeit with a low quality of evidence so farl3l. In 2019, approximately 1.7 million
people in the European Union suffered from aircraft-induced high sleep disturbance, which
is 31 % more than 20054 P 291 In the future, a reduction in average noise exposure is
expected, but only if manufacturers develop quieter aircraft types to offset the anticipated
growth in traffic, i.e., the benefits from introducing noise reduction technologies need
to overcompensate the increased noise emissions due to an increased number of flights.
To reduce the environmental impact of civil aviation, the European Commission has set
ambitious goals for 2050: ‘Increase the fleet fuel efficiency (30-50 % relative to 2018 levels)
and reduce the perceived noise emission of flying aircraft (65 % per operation relative to
the 2000 baseline)’[?].

In the following chapter, a general introduction of aircraft noise and possible noise reduction
means is presented to set the frame for the novel liner concept investigated in this thesis.

Aircraft noise can be classified into airframe and propulsion noise. Airframe noise is mainly
due to the interaction of turbulence and wakes with structures at the fuselage, the wings,
the lift systems and the landing gearlsl. Propulsion noise is the sound radiated by the fan,
compressor, combustion chamber, turbine, and the jet outside the engine. The relative
contribution of the individual components differs from the type of aircraft and engine as well
as the specific flight condition, such as takeoff or landing. As a rule of thumb, propulsion
noise is dominant for takeoff condition, and is similar in magnitude to airframe noise for
approach condition during landing!™8l. Therefore, putting emphasis on propulsion noise is
beneficial for overall aircraft noise reduction.

Nowadays, state-of-the-art aircraft are 75 % quieter compared to the first civilian jets in
operation 50 years agol PP- 36411 This evolution is largely due to the transition from
turbojet to turbofan engines. In a turbofan engine, a portion of the air flowing through the
fan is diverted into the bypass duct, whereas the rest is mixed with fuel and the mixture is
burned in the engine core. Turbofan engines have a bypass ratio greater than one, which
is defined as the ratio between the bypass stream’s mass flow rate and the mass flow rate
entering the core. Higher bypass ratios imply a reduction of exhaust airflow velocity, which
makes it possible to employ a lower fan pressure ratio with improvements in the propulsive
and overall efficiency!'%l. The reduced airflow velocity leads to less jet noise and is the main

"From: Jil17. 54 (The Wind Rises) by E/lia#s. The original quote was referring to military aviation.




reason why current aircraft are quicterl® PP- 36411 Modern turbofan aircraft engines have a

very high bypass ratio of up to 12, and engine manufacturers are developing engines with
even larger fans. For example, the state-of-the-art aircraft Airbus A320neo is powered by
CFM International LEAP turbofan engines with a bypass ratio of 111! or P&W 1100G
geared turbofan engines with an even higher bypass ratio of 12.102, Currently, Rolls-Royce
is developing an aero-engine with a 15+ bypass-ratio called ‘Ultrafan’. They also filed a
patent for an Ultra High Bypass Ratio (UHBR) turbofan engine with a bypass ratio up to
400131,

The development towards higher bypass ratios was possible due to advancements in material
technology, allowing turbine blades to withstand higher temperatures, which enables higher
core efficiency; advanced aerodynamic design, such as wide chord fans with lightweight
materials and structures, leading to overall weight reduction'%1'4] However, the benefits
of increasing the bypass ratio are limited because larger fans have increased drag and a
larger nacelle is heavier. At a certain high bypass ratio, this leads to a loss of fuel efficiency
compared with the gain from propulsive efficiency. Furthermore, the nacelle size is limited
by the amount of ground clearancel!®,

For modern aero-engines with high bypass ratios, the turbofan provides the majority of
thrust and radiates sound through the inlet duct in a forward and through the bypass duct
in a backward arc. Turbofan noise is expected to become the main noise source of future
aircraft, at least in the forward arc and under almost all flight conditions['6h17],

1.1. Turbofan noise

A typical sound power spectrum of noise generated by a generic turbofan is depicted in
Fig. 1.1. The sound power spectrum has broadband components and harmonic tones
that correspond to the blade passing frequency fppr = npvsh, which is the product
of the number of blades ng and the shaft rotation speed vg, in Hz. For example, the
aforementioned PW1100G engine with twenty fan blades has a first blade passing frequency
of fgpr = 20 - 54.7Hz = 1094 Hz at maximum speed during takeoffl'8!, which corresponds
to 656 Hz for the approach condition with 60 % engine speed. This also excites tonal
noise at higher harmonics, e.g. at 1312 Hz as the second and 1968 Hz as the third blade
passing frequencies, respectively. A reduction of the rotation velocity for modern engine,
consequently, leads to tonal noise at lower frequencies.

The noise of a fan stage, which consists of a rotor and a stator, can be classified into
self-noise and interaction noise. Self-noise is emitted by the fan blades alone, whereas
interaction noise is due to inflow disturbances at the inlet or rotor-stator interactions. The
unsteady aerodynamics of the rotor-stator interaction is often recognised as the dominant
contribution to both tonal and broadband noise in modern aircraft engines/?’l. Tonal noise is
generated by the cyclic pressure field induced by the fan and the wake interactions between
blades and stators, but may also arise due to ingested upstream distortion. Broadband
noise results from the propagation of sound produced near the blade surface and stems
from pressure fluctuations associated with turbulent flow. Important sources for turbulence
in the fan system are the boundary layers at the outer wall of the inlet duct and spinner,
and the wakes shed from the blades!©l.

The tonal interaction noise at the source can be significantly reduced by modifying the fan
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Figure 1.1.: Typical subsonic turbofan sound power spectrum, reprinted froml[19: p- 154]

geometry. The number of blades and vanes can be chosen in a ‘cut-off design’ such that a
large proportion of sound energy decays within the duct, and hence, does not propagate to
a far-field observer®. Modern engines are usually designed in such a way, that noise at the
first blade passing frequency cannot propagate. Another measure is for example increasing
rotor-stator spacing to enable additional viscous wake decay. However, a large rotor-spacing
may diminish the aerodynamic effectiveness of the fan stage. Additionally, rotor-stator-
spacing is limited by the available space in the engine and the recent development tends
rather towards shorter and more lightweight engines[m]. Additionally, the tonal fan noise
can be reduced by leaning and sweeping the fan blades, which enables additional variation
in the phase of the incident wake along the vane span/®?l. Geared turbofans allow for a
lower rotation frequency, which significantly reduces buzz-saw noise due to nonuniform
shock waves when the rotor tip reaches supersonic speeds. Trailing edge noise and the
fan wake can be reduced by blade geometry optimisation or porous trailing edges. Other
technologies, such as fan trailing edge blowing, trailing edge serrations, and active blades,
have been investigated with no recent developments!'®l. Alternative noise control strategies
to reduce fan noise include scarfed inlets, forward swept fans, swept and leaned stators,
and soft vanes!?3l. However, these acoustic measures may lead to decreased aerodynamic
performance and consequently conflicting goals between noise reduction and performance,
reliability, maintenance, and costs. Therefore, not all noise sources can be eliminated by
design, and additional damping structures, i.e., liners, are required to attenuate inevitable
propulsion noise of turbofans.

1.2. Acoustic liners in aero engines

Typically, noise attenuation is most effective near the source. Hence, an effective means
of suppressing propulsion noise is the acoustic treatment of the inner walls of the nacelle,
called acoustic liners, on its propagation way out through the engine’s inlet and outlet.
Liners convert acoustic energy to flow turbulence or thermal energy. The effect on the
perceived noise level is depicted in Fig. 1.2 as taken from a system noise prediction for an
aero-engine with a bypass ratio of six. The acoustic treatment is expected to reduce fan
noise by ~ 10dB, whereas for example, the jet noise remains unaffected. This is due to
their location upstream and downstream of the fan in the nacelle, as depicted in Fig. 1.3. A




different type of liner, a bias flow liner, is installed in the combustion chamber to enhance
wall cooling and suppress combustion instabilities. The overall acoustic liner absorption
depends on the covered area. Since the aft duct is longer, more fan exhaust noise than fan
inlet noise is damped, which is visible in Fig. 1.2.
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Figure 1.2.: Effect of acoustic liners on the perceived noise levels of an turbofan engine,
reprinted from!'¥!, original data from(?4l

Acoustic Liners Aft Duct Exhaust

(a) Liner positions in an aircraft engine nacelle. This image is pro-
tected by copyright; reprinted with permission from[2?] (b) Acoustic inlet liner

Figure 1.3.: Liner position and example of inlet liner in use

However, acoustic liners also have disadvantages. A typical acoustic liner produces about
70 % higher aerodynamic drag per plane area than a hydraulically smooth wall26l. However,
in the case of acoustic liners, the acoustical benefit outweighs the drawback of additional
fuel consumption. Liner drag can be reduced by using smaller perforation holes, tapered
holes, or perpendicular slots instead of a conventional round-hole perforate to reduce




the interaction of the flow above and below the surface of the face sheet!27-28 Under
unfavourable flow conditions, an acoustic liner may even generate noise by itself when
self-sustained resonance occurs and the air flow inside the cavity forces the shear layer that
develops over the orificel291301[31[32]

An optimal liner reduces the engine’s radiated sound power with minimal required space in
the nacelle. The liner effect can be evaluated as the difference between a hard-walled and
lined configuration in the radiated sound power of the whole engine or the reduction of
the effective perceived noise level, which is a critical measure in the certification process.
Alternatively, the in-duct sound power transmission loss can be maximised, which is easier
to calculate. Depending on the goal, optimisation routines can be used to determine the
optimal liner impedance, which depends on the sound field in the duct where the liner is
deployed. Once the liner’s optimal impedance is found, the corresponding liner geometry
can be selected by an appropriate liner model, if availablel®3h34, Therefore, the majority of
liner research deals with the development of liner impedance prediction and determination.

1.2.1. Conventional liners

Conventional liners are usually modelled as an array of independent Helmholtz resonators.
A Helmbholtz resonator is a cavity connected to the surrounding environment by small
holes in its surface, where all three dimensions are very small compared to the relevant
acoustic wavelengthl3®. A conventional acoustic liner comprises a perforated face sheet
bonded to impervious honeycomb cells terminated by a rigid backing. In this case, the
cavity formed by the honeycomb structure can be regarded as a spring, and the holes in
the perforated face sheet can be considered as a massi30l. In a Helmholtz resonator, sound
energy is dissipated by the viscous boundary layer near the openings of the perforated
plates. At the resonance frequency of the liner, the movement of the fluid through the
openings is maximised and, consequently, the transformation of kinetic energy into thermal
energy — i.e. sound absorption— as well. Conventional liners are called single-degree of
freedom (SDOF)? liner, because the main damping occurs in a narrow band near the
Helmholtz resonance frequency. SDOF liners are inexpensive, simple, lightweight, and
maintenance-free structures that can withstand harsh conditions (e.g., high grazing flow,
fluids such as water and fuel, sand, ice, heat, vibrations, and bird strikes) for at least 20
years (‘fit-and-forget’) in an acro-enginel37l.

The design parameters for a perforated-plate SDOF treatment panel are the perforate
porosity (open area ratio), orifice hole diameter, face sheet thickness, and cavity depth.
Additionally, the attenuation due to the liner is affected by the mean flow Mach number,
boundary layer thickness, and incident sound pressure[38]'[39]. To obtain a low resonance
frequency, a deep cavity is needed, which is limited by the available nacelle space. The
perforated face sheet serves two purposes. First, it reduces drag compared to an open
cavity and, second, allows a resonance frequency lower than that of a resonator that only
consists of a cavity (quarter-wave-resonator). This, however, comes at the cost of a smaller
sound-absorption bandwidth. A face sheet can be combined with a wire mesh to reduce the
formation of turbulent structures near the face sheet holes due to a grazing flow or high

2The term SDOF is slightly misleading, as a perforate-over-honeycomb has infinite non-harmonic
resonance frequencies. However, the main attenuation occurs at a single resonance frequency, the lowest,
so-called Helmholtz resonance frequency. The term most likely originates from modelling a Helmholtz
resonator as a simple mass-spring-system with one degree-of-freedom.




sound pressure amplitude[40].

To broaden the noise absorption bandwidth, a second perforate or septum may be imple-
mented to subdivide the honeycomb cell into two parts. This adds a resonance to the
resonator system and thus forms a double-degree of freedom (DDOF) liner. This improves
the noise absorption bandwidth at higher frequencies but increases the manufacturing
complexity. DDOF liners have been in use by Boeing since at least 1992, and they are
believed to give approximately 20 % ‘better’ noise attenuation for a fan duct application in
a Boeing 767 than an optimised single layer wire mesh liner®142l An example of a SDOF
and a DDOF liner with highlighted different components is depicted in Fig. 1.4.

Intake acoustic liners were initially manufactured as several segments separated by thin
hardwall stripes, called liner splices. However, these splices have been found to scatter
energy and reduce attenuation3l. Therefore, thanks to advancements in manufacturing
capabilities state-of-the-art aircraft such as the Boeing 787, Airbus A350, or the Airbus
320neo family use aero engines with zero-splice-liners, as depicted in Fig. 1.3b.

Figure 1.4.: Schematic SDOF and DDOF liner. This image is protected by copyright;
reprinted with permission from29]

1.2.2. Future liner requirements

The trend towards UHBR aero engines yields several challenging aspects for future acoustic
liners:

o A slower rotation frequency leads to a lower blade passing frequency and consequently
to fan noise with tonal components at lower frequencies.

e The relative importance of broadband noise will increase, e.g., due to less buzz-saw
noise.

e To reduce weight and drag, the nacelle is thinned and shortened with less available
liner depth and acoustic treatment area, especially in the inlet.

3Better’ always depends on the optimisation goal, e.g. more broadband or higher damping at a target
frequency.




e The simultaneous increase in fan diameter and decrease in nacelle length may reduce
the overall effectiveness of existing acoustic liners.

Therefore, future acoustic liners should achieve higher and broader peak noise attenuation at
lower frequencies, e.g. down to approximately 500 Hz[?!, than conventional liner structures.
Conventional liners require deeper cavities to reduce low-frequency noise. The installation
space in the nacelle is limited due to drag and weight restrictions and finite ground clearance.
Therefore, deeper cavities are usually not an option. Consequently, new advanced liner
technologies are needed to tackle this low-frequency and broadband noise with limited
installation space. An overview of current novel liner technologies is presented in the
following.

1.2.3. Novel liner developments

Many liner concepts revolve around the Helmholtz resonance principle and seek to improve
either the perforated face sheet or the cavity structure underneath. One drawback of
SDOF liners is the limited bandwidth around the single Helmholtz resonance frequency.
A DDOF liner extends the damping bandwidth to higher frequencies with an additional
degree of freedom. The natural choice then is to add more degrees of freedom towards
multi-degree of freedom (MDOF) liner. Therefore, a straightforward approach to increase
the absorption bandwidth is to combine multiple different resonatorsl*4. This can be
achieved for example by designing a liner with multiple variable cavity depths!7l-4511461:[47],[48]
Variable-depth liners with alternative channel designs (e.g. curved or bent) provide an
opportunity to minimise the overall liner thickness in limited space[49]. The proposed
method can also be used to maximise space usage in curved nacelle sections, such as the
inlet lip. Alternatively, liners with different orifice diameter distributions can be used
for broadband damping[‘r’ol"[m]’[m]. However, connecting multiple resonators reduces the
damping effectiveness for each absorption peak. Therefore, there is always a trade-off
between achieving a wide bandwidth and maximum absorption in equally sized multi-
resonator array panels.

Additional degrees of freedom can also be obtained by further subdividing the cavity.
In a ‘mesh-cap liner’; with the help of new manufacturing techniques, each cell can be
individualised in the number, resistance, and position of each mesh cap for each honeycomb
cavity to increase the broadband damping!™B3LBALBSLB6LET - A mesh-cap liner extends
the broadband damping of the conventional DDOF liner, i.e., a liner with one mesh cap at
the same position for every cell, by adding more septa inside the cavities and individually
tuning each cell.

New manufacturing methods, such as additive manufacturing, allow the realisation of com-
plex cavities for future liner concepts. A relatively simple approach consists of a perforated
diagonal septum core to increase the acoustic propagation path[®®. More sophisticated
folded-cavity liners, realise broadband low-frequency damping characteristics by combining
bent chambers with multiple porous plates subdividing the cavity!32h[581591160L[611162] - T}e
additional benefits of different novel liner compared to conventional SDOF and DDOF
liners were recently verified on a full-scale test 1"1g[62]'[63].

One approach to enhance the attenuation capabilities of conventional liners for low-frequency
damping is to extend the holes in the perforated face sheet. The acoustic effect of a hole




extension is a prolongation of the air column length in the orifice, similar to a very
thick perforate without additional weight. This extension can be achieved with a bent
perforation!®¥ or by inserting a tube into the perforate hole called ‘Helmholtz resonator
with extended neck’l85166] This extended neck can be either straight or prolonged by a
spiral pattern. With additive manufacturing, the neck can have an arbitrary shape and can
be roughened for additional viscothermal losses/67h[681[691  Additionally, a resonator with
a prolonged neck length is less sensitive to changes in the incident acoustic pressure and
grazing flow as the relative contribution of the viscothermal damping increases. However, the
low-frequency damping is accompanied by a smaller resonance bandwidth. Individualised
cells can be used to regain broadband damping!2?!.

The liner types presented so far are locally reacting absorbers, as they only admit wave
propagation in the direction normal to the wall by partitioning the cavity behind the facing
sheet, e.g., by a honeycomb structure. In contrast, non-locally reacting absorbers do not
constrict the propagation direction. They are usually either homogeneous bulk absorbers
(e.g., foams or glass fibres) or consist of a porous layer positioned at a certain distance from
an acoustically hard wall. If the cavity cells are specifically made porous, the perforated
liner is effectively transformed into a bulk absorber, which allows for more design options!!l.
However, this complicates the liner design as the impedance boundary condition loses its
usefulness for non-local liners since a duct propagation model must couple the resolved
acoustic propagation inside the liner with the air passage through the duct.

Bulk absorbers filled with porous material are commonly used in silencer design in heating,
ventilation, and air conditioning systems. However, most porous materials cannot be used in
aero-engines due to harsh environmental conditions. Metallic foam is one exception, which
can withstand harsh conditions but is also more expensive and heavier than conventional
liners2:B71. Thus, their usage is only investigated in extraordinary areas, such as over-
the-rotor (OTR) treatments, at or very near the fan rotor plane. Due to the small liner
over-the-rotor area, the attenuation is mostly attributed to source modification!72h73L[74]
The main drawback is the significant aerodynamic penalty, which can be reduced by
circumferential grooves[73].

Liners can also make use of non-locally reacting behaviour by deconstructive interference,
such as a Herschel-Quincke tubel™ 761771 This approach involves installing circumferential
arrays of hollow side-tubes in the turbofan engine’s inlet. Since the sound in the tubes
travels a larger distance, frequencies exist where the sound in the tube exit is in anti-phase
with the sound in the main-duct cancelling each other out at those frequencies. The concept
has been applied to a turbofan engine to reduce tonal noisel™. The Herschel-Quincke tube
is predominantly used to reduce low-frequency noise, but it can be combined with other
liner types for better broadband damping!™MBOLBI A similar non-locally reacting liner
concept is the spiral liner, which consists of helical waveguides covered by a perforate plate
and optionally filled with a porous material to suppress tonal rotor noisel®?. However, the
lower the target frequency, the longer the additional tube needs to be, making the concept
difficult for future UHBR engines.

The noise suppression characteristics of a liner are a function of the ambient conditions
and its geometries. A passive liner has a fixed performance because its design is fixed by

4However, in practice, conventional liner with a rigid honeycomb structure are also partially non-locally
reacting. This is because of drainage holes on the cell bottom to allow for leakage of unwanted fluids, which

also leads to sound propagation between cells!™).




its dimensions and material properties. However, different flight phases have different flow
and source conditions. Ideally, the liner impedance should be tunable to achieve good
suppression over all flight phases. One can differentiate between ‘Adaptive Noise Absorption
Control’ (AAC), which secks to adjust the geometrical properties in operation, and ‘Active
Noise Control’ (ANC), which introduces a feedback control with a second sound source
into the system. AAC can be realised in the context of aero-engine liners by changing the
cavity volume using a piston!®3l or a movable walll®4:83 to alter the resonance frequency.’
Alternatively, the face sheet porosity can be made adaptive by changing the face sheet
porosity using an iris valvel®®l or by misaligning multiple face sheets to tune the effective
hole length and, consequently, the resonancel87H88LBILIOLIOLLIO2L93] - Thig system can also
be used to close the liner, thereby reducing drag. This effectively deactivates the liner,
which is acceptable mid flight when the aircraft is far away from communities, where sound
attenuation is expendable to improve fuel efficiency.

A different approach is to change the acoustical properties of the fluid near the face sheet
by additional vortex generation by AACI or ANCILI%]  Active systems always suffer
from the drawback of additional instrumentation and power supply which at one point
must be certified to be used in-flight. This has hindered the implementation of active liners
in aero-engines so far.

Acoustic absorbers are sometimes modelled as acoustic metamaterials, which are artificial
structures that are typically periodic and consist of small elementary cells. In bulk, these
structures behave like continuous materials with unconventional properties. Metamaterials
are characterised by local resonators that are subwavelength in scale. Therefore, porous
absorbers, Helmholtz resonators, and quarterwave resonators are often part of acoustic
metamaterials. In this context, quarter-wave resonators are sometimes called Fabry-Perot-
resonators®7.

Acoustic metamaterials can be used for wave manipulation by tailoring the arrangement of
phase delays introduced in the acoustic field. These phase-gradient metasurfaces involve
repetitions of elementary cells, such as an array of differently tuned Helmholtz resonators
or quarter wave tubes®®. A possible usage to reduce aero-engine noise is to use sound
refraction at the nacelle tip region to form a ‘virtual scarf inlet’ with a nonuniform liner and,
therefore, without the aerodynamic and weight penalties of a real scarfed inlet[991[1001[101]
The concept has proven to be effective in a purely acoustic domain, but a turbulent grazing
flow near the inlet may introduce severe complications in the wave manipulation for future
applications.

Another approach to broaden the absorption spectrum of Helmholtz resonators is to
combine them with mechanical elements such as beams, membranes or flexible plates, which
eigenfrequencies have the benefit of being tunable independent of the Helmholtz resonance.
With this approach, low-frequency noise can be potentially damped without increasing
the overall resonator volume. This includes the usage of flexible walls to couple multiple
resonator chambers, which is the focus of this thesis. The modelling of these concepts is
analysed in-depth in the next chapter in Section 2.6.

In summary, the fan stage of an aero engine contributes significantly to aircraft noise.
Acoustic liners are required to reduce this fan noise. Future aircraft engines are expected to
become larger, which is a challenge for ezisting acoustic liners. Many novel liner concepts

5A movable piston is also commonly used in normal-incidence tubes to adapt the rigid end to different
sample sizes.




revolve around the extension of the Helmholtz resonance principle with the help of advanced
manufacturing techniques. This thesis investigates the possible benefits of combining flexible
walls with structural resonances with a Helmholtz resonator liner to reduce future aircraft
notse.

1.3. Thesis objectives

This thesis investigates a Helmholtz resonator with a flexible intermediate wall. The
liner concept combines the Helmholtz resonance in the air domain with the flexible wall’s
structural resonances to achieve low-frequency and broadband sound attenuation. An
additional damping mechanism is introduced if materials with mechanical losses, such as
polymers, are used.

The objective of this thesis is to investigate the interactions between a flexible wall and a
Helmholtz resonator as an acoustic liner by subdividing the cavity using a flexible material.
The following research questions are addressed:

1. Is this liner concept suitable as a silencer on a fundamental level?
2. How can the coupled resonator system be modelled?

The first research question is addressed by designing and experimentally investigating a
modular Helmholtz resonator with a flexible wall, as sketched in Fig. 1.5, in a normal
incidence tube. In addition, a multi-cell resonator array liner is tested in a grazing flow test
rig under high sound pressure and grazing flow conditions. This includes a comparison of
the dissipation of the novel liner with a conventional Helmholtz resonator liner to evaluate
the possible benefits of flexible structures. Additionally, the response of the flexible wall
due to acoustic excitation is investigated using a vibrometer setup and cavity microphones
to separate the contributions.

The second research question is addressed by deriving and validating an analytical model
using waveguide theory to predict the acoustic impedance of a Helmholtz resonator with
an intermediate flexible wall of different shapes. The analytical model is compared to the
experimental data and used to evaluate the damping contributions of the main parameters,
such as the material stiffness and cavity size. Additionally, a finite element model is devel-
oped using commercial software to spatially resolve the sound field inside the resonator and
plate vibrations. The numerical results are compared with the analytical and experimental
data to investigate the need for higher-fidelity prediction methods.

The contributions of this thesis include:

e Design and evaluation of a modular Helmholtz resonator with a flexible wall

e Development and implementation of an analytical and a numerical model to predict
the acoustic properties of the coupled resonator

e [nsight into the contribution of flexible walls to the overall noise absorption mechanisms
of an acoustic liner

o Comparison of a liner with flexible walls with a conventional liner under high sound
pressure levels and grazing flow

This thesis is structured as follows: This chapter serves as an introduction to aircraft
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Figure 1.5.: Sketch of a Helmholtz resonator with a flexible wall and a back cavity

noise sources and current liner developments as a remedy. The theoretical background
to understand the modelling and results of the investigated Helmholtz resonator with a
flexible wall as a liner concept is presented in Chapter 2. This includes the modelling of a
Helmholtz resonator and the vibration of flexible plates, as well as their interactions. The
chapter concludes with a literature review that focuses on different modelling approaches for
similar systems and gives context for the proposed analytical model, which is presented in
Chapter 3. The proposed analytical model combines the models presented in the previous
chapter for the face sheet, cavities, and flexible plate.

The concept is experimentally investigated in a normal incidence setup using a modular
Helmholtz resonator that enables testing of different face sheets and flexible walls. Addi-
tionally, a resonator array is manufactured and tested to investigate the effect of high sound
pressure levels and grazing flow in a grazing incidence setup. The sample specifications,
the corresponding experimental test rigs and measurement procedures are presented in
Chapter 4. Numerical models of the resonator systems are analysed to assess the benefits
of using higher-fidelity prediction methods. Their properties and underlying models are
stated in Chapter 5. The experimental, analytical, and numerical results of these studies
are presented in Chapter 6. Finally, a conclusion is drawn with respect to the research
questions and an outlook for future research is given in Chapter 7.
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2. Theoretical Background and Literature
Review

This chapter presents the theoretical background to understand the modelling and results
of the investigated Helmholtz resonator with a flexible wall. The idea is to subsequently
introduce relevant effects which are then finally combined to model the whole system
in Chapter 3. As liners are deployed in ducts, the acoustic wave propagation in such
with relevant effects is briefly introduced. The acoustic wave propagation, including the
viscothermal effects, is relevant for the experimental test procedures and the modelling of
the resonator system. The second and third parts of this chapter deal with modelling the
relevant physical phenomena of the Helmholtz resonator, which can be dissected into a
face sheet and a cavity, whereas the main dissipation occurs in the face sheet. Numerous
contributing phenomena of the face sheet need to be modelled such as the viscothermal
boundary layers, hole-to-hole interaction, high sound pressure levels, and grazing flow.
Several models for these effects are presented and compared to select the most appropriate
one for the analytical model. Next, the underlying theory of plate vibration is introduced
to model the flexible wall. A brief introduction of the vibration of circular and rectangular
plates is given to understand the behaviour of the flexible wall. Eigenforms are presented to
compare them later with predicted operating deflection shapes, and a transfer impedance
for the plate is derived from models from the literature. This transfer impedance is thought
to capture the vibroacoustic plate effects within the analytical model. This also includes a
section dealing with plate-cavity-interactions to better understand the interplay between
plate and Helmholtz resonances. The literature review at the end of this chapter provides
context on how similar acoustic systems are modelled.

2.1. Acoustic wave propagation

In fluids, sound propagates as a compression wave. Sound propagation in an incompressible
constant mean flow of a homogeneous, lossless fluid can be described by the acoustic wave
equation
2,/ 1 a ? /

foc—2<a+uov> p=0 (2.1)
with V denoting the gradient, p’ the acoustic pressure, ¢ the speed of sound, and ug the
bulk velocity of the medium!'%?, Equation (2.1) can be derived from the conservation
of mass, conservation of momentum, and an equation of state that links pressure with
density fluctuations. The derivation is omitted here for the sake of brevity but can be
found in textbooks such as by Morse and Ingard!'%, Kinsler!®!, Piercel'93! or Rienstra and
Hirschberg104,

The acoustic wave equation is valid for small acoustic perturbations p’ << p, where all
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thermodynamic processes are assumed to be isentropic, i.e., adiabatic and reversible, with
no sources present in the domain, and the mean density pp and speed of sound ¢ constant in
space. The speed of sound in a gas ¢ = \/vRsT depends on the fluid’s isentropic exponent
v, its specific gas constant Ry and the ambient temperature 7', which was first shown by
Laplacel105],

The Fourier transform of Eq. (2.1) is referred to the convective Helmholtz equation. For a
stationary fluid, it can be expressed as

Ap +Kp =0 (22)

with kg = ¢ denoting the free field wavenumber, which increases linearly with the angular
frequency w = 27 1103 p- 28]

The propagation of an unhindered sound pressure wave in three-dimensional space can be
expressed as

p’(m, v, 2, t) — Re (}70 C—ikxw C—ikyy Cfilczz C+iwt> , (2'3)

where pg denotes the acoustic pressure amplitude[wﬁ’ pp- 54561 The time dependence and
denotation of the real part is dropped in the following for ease of notation.

Inserting Eq. (2.3) into Eq. (2.2) yields the dispersion relation[!06; pp- 54-56]

ko = \/k2 + k2 4+ k2, (2.4)

which connects the free field wavenumber ko with the spatial wavenumbers ky, ky, k.

2.1.1. Propagation in rectangular ducts

The acoustic propagation in ducts is constrained by the duct walls. Given the case of an
infinite rectangular duct of width Iy and height I, without flow, the acoustic pressure field
as a solution of Eq. (2.1) can be described as

P (@, 2,8) = pe B (&7 gy ooy (7 g, olbes) (2.5)

with p denoting the complex acoustic pressure amplitude, x,y, z denoting the propagation
directions and ry, 7, denoting the reflection coefficients at the duct walls[106, pp- 56-59] - e
sound field is the superposition of a forth travelling wave in axial direction, which is
not reflected because of its infinite length, and backward and forward travelling waves
perpendicular to the duct main axis.

In the case of sound hard walls (ry = r, = 1), Eq. (2.5) can be expressed as

P (x,y,2,1t) = pe * cos (kyy) cos (k,2) (2.6)

with the help of the identity cos(0) = M with O denoting a placeholder for either z,y

or z. The sound hard walls require the sound particle velocity to become zero at the walls,

which translates to maximum sound pressure. |cos(kyy =0)| = |cos(kyy = kyly)| = 1
T

is fulfilled for k, = % and accordingly in z-direction k, = % with n,m € Ny. Using
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Eq. (2.4), the axial wave number can be expressed as

b = 1| K2 — (T)Q ~ <ﬂlw>2 2.7)

2 2
Sound waves with k% < (7—;’) + (%ﬂ) have a purely imaginary wavenumber kyx and decay

exponentially instead of propagating. Frequencies, where higher order modes m,n > 1 start
to be able to propagate are called ‘cut-on-frequencies’, and can be calculated with

2 2
nm mm
=) () (2)
ly l,
They depend on the channel dimensions Iy, I, and the ambient temperature as ¢(T). Spatially
decaying modes are also called evanescent or cut-off modes and form the near field of

the sound source or a channel inhomogeneity. Evanescent modes cannot transport any

acoustic power in the channel because their complex power is purely imaginary (reactive
povwer)l106, pp- 153-154]

For frequencies below the first cut-on frequency, only plane waves (m,n = 0) are able
to propagate. All fluid properties are uniformly distributed over a duct cross-section for
plane waves. They can always propagate in a duct with sound hard walls but may become

evanescent in a duct with sound soft boundary conditions r = 0107 P- 1091 For plane waves,
Eq. (2.1) becomes
a 1[0 o\?,
[ ru= =0 2.9
Or 2 <8t+u08x) P ’ (29)

which describes one dimensional wave propagation. Plane waves are of particular importance
in the characterisation of the acoustic properties of sound absorbers since they yield several
simplifications. Many methods for determining the acoustic properties of absorbers are
restricted to the plane wave regime, such as the methods used in this work, later introduced
in Chapter 4.

2.1.2. Viscothermal damping

In reality, purely sound hard walls do not exist. Instead, a viscous and thermal boundary
layer forms near the wall. The concept of an acoustic boundary layer similar to a fluid
dynamic boundary layer was introduced by Cremer'%8!, The idea is to consider dissipative
effects only in the vicinity of the wall, whereas the acoustic wave is not affected in the
remaining fluid. In contrast to an ordinary boundary layer, the acoustic boundary layer
cannot, develop much, because the fluid never flows in one direction for more than half of
an acoustic period[199: Pp- 322-325] ' Vjgcothermal damping is important to account for losses
in a duct, cavity, or face sheet holes as part of a Helmholtz resonator.

Because of viscosity, the wall surface exerts a frictional shear force on the overlying fluid.
A transition region exists near the wall where the sound particle oscillation amplitude
decreases from its nominal value in the mean flow to zero at the wall. This transition region
is referred to as the viscous boundary layer or Stokes layer. The wavenumber of the viscous
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diffusion wave isl196: p- 69](109, pp. 322-327]

iw 141
k, =/ — = . 2.10
v v Oy ( )

0y = \/% is the viscous boundary layer thickness, i.e., the distance required for the particle
velocity amplitude to increase from zero at the wall to 1/e of its undisturbed value in the
mean flow, with e denoting Euler’s number. v = p% denotes the kinematic viscosity, which
is linked to the dynamic viscosity p via the mean density pg.

The thermal boundary layer is formed when the thermal conductivity of the wall is much
greater than that of the fluid. Consequently, heat conduction at the wall levels out
all temperature fluctuations over time. This changes the acoustic process from being
adiabatic far away from the wall to being isothermal near the wall. The layer with a
significant temperature gradient is called the thermal or heat-conduction boundary layer.

The wavenumber of the thermal diffusion wave isl106: p- 691[109, pp. 322-327]
iw 141
kth =4/ — = . (2.11)
agh Otn

Its characteristic thickness is o, = 4 /2%‘, where oy, denotes the thermal diffusivity.

The viscous and thermal boundary layer thicknesses are related via the Prandtl number
VPr = /s, and are of the same order of magnitude, e.g., for air: Pr = 0.71. The effect
of the viscous and thermal boundary layers largely depends on the shear wave number
Sh = %\/% . Small shear numbers refer to narrow ducts with a small diameter d at low
frequencies, whereas high shear numbers refer to wide ducts at high frequencies.

Multiple analytical solutions exist to describe the effect of the acoustic boundary layer,
which are summarised by Tijdeman’% and Kampignal''!l. The solutions assume plane
wave propagation, a constant cross-section and the geometry length in the propagation
direction larger than the boundary layer thickness to neglect inlet effects. Three commonly
used approximate solutions are presented below.

Kirchhoffl!!2] investigated the effect of sound propagation through a uniform circular tube
without flow with a viscothermal boundary layer. He gave a ‘wide-tube’ approximation for
high shear wave numbers Sh > 120, i.e., when the viscothermal boundary layer is much
smaller than the duct cross-section. This leads to an effective wave number for the plane
wave

r 1—if~y—1++VPr
ke =ko—=ko |1+ _ 2.12
i \/§< VPrsh ) (212
1—i y—1\ US,
=k [1+ 1+ 2.13
o (14 22 (2.13)

with U the duct perimeter and Ap the duct cross-section area.

Zwikker and Kosten!!1311119] developed an analytical solution that covers the range from very
low frequencies or very narrow tubes with isothermal conditions to very high frequencies or
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wide ducts:

T ko [Jo(i¥2Sh) [~ , -
ky =ko— = —| —n—24/ — ,with nzx =1+
o7 T Jo(i3/25h) V) nzk "

v =1 .Jo(i*2v/PrSh)
Y Jo(i¥2V/PrSh)
(2.14)
Jo and J denote the Bessel functions of the first kind of zeroth and second order, respectively.

Dokumaci'* modelled the thermoviscous wall losses with the wide-tube approximation
Eq. (2.13) while taking into account the convective effect of a mean flow as!

r 1-i yo1
+ _ 1 =
k3 7k01irj\/[,vv1thf 1+\/§ h(1+ﬁ>7 (2.15)

where M = wo/c refers to the Mach number of the mean flow.

2.1.3. Acoustic impedance

A common entity to describe acoustic absorbers is the acoustic impedance. The idea stems
from electro-acoustic analogies, i.e., representing systems by electrical circuits in which
the motion of the analogous mechanical fluid is equivalent to the electrical current. The
electrical analogy of the pressure difference across an acoustic element is the voltage across
the corresponding part of the electric circuit. The specific acoustic impedance? is defined
as the ratio of the complex acoustic pressure p’ and the acoustic particle velocity v’

Zpy == (2.16)
The specific acoustic impedance can be normalised by the characteristic impedance of air
poc. The normalised specific acoustic impedance

Z,

pv
poc

(= =60+ix (2.17)
is a complex number consisting of the real part 6, which refers to the specific normalised
acoustic resistance, and the imaginary part y, which refers to the normalised specific
reactance. Physically speaking, the real part describes the extent of energy loss in the
system, whereas the imaginary part represents energy storage and determines the frequency
at which resonances occur!'H 171 Reactance can also be understood as an indicator of the
phase delay between the acoustic pressure and velocity at the sample surface. Therefore, a
reactance equal to zero implies a specific superposition between the incident and reflected
acoustic particle velocity wave. Taking the Helmholtz resonator as an example: In the
additive resonance case, the particle velocity at the perforated plate increases, leading
to greater dissipation. Conversely, in the subtractive antiresonance case, a low particle
velocity in the face sheet and consequently little dissipation is observed. The resonance
case is associated with a positive slope of the reactance at the zero-crossing and a high
absorption, whereas the antiresonance is associated with a negative slope and a sharp local
maximum of the resistance leading to a low absorption.

'Note, that Dokumaci uses a different definition of the propagation constant I', see the discussion in

Lahiri[113: pp- 114-130]
2An alternative definition of the (non-specific) acoustic impedance Z is the quotient of the complex
acoustic pressure p divided by the complex volume velocity ¢ at the acting surface A as Zpq = % = 361,
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Additionally, there exists the acoustic transfer impedance[n& p- 7] that is defined as the
average sound pressure drop Ap over a partition plane, such as a face sheet or flexible plate,
divided by the average acoustic particle or plate velocity viwg as

’ /
Ap _ Pavg,front — Pavg, back

ol /
avg Vavg

Zpp = (2.18)

The impedance of a sample can be directly determined using a standing wave tubel'9],

in situ cavity microphones!'2%, or indirectly by impedance eduction methods!'9. The
latter can be combined with laser Doppler anemometry techniques to measure the acoustic
velocity fields in the vicinity of the liner*2!. For indirect methods, the liner is placed in a
realistic installation situation in a flow channel. The impedance is inversely determined
by adapting a sound-field model to experimentally determined sound-field parameters.
A comparison between impedance methods can be found inl22B7LM48L123] - The precise
determination of liner impedances remains a large research topic, especially regarding flow
direction effects!124:1125] A complicating fact is that the impedance modelling in shear
grazing flow and the impedance inference using eduction techniques are interrelated.

The normal incidence absorption of a sample is connected to its impedance and can be
determined by

460
a=1-|r = ——, 2.19
I (04 1)2 4 2 (2.19)
with the normal incidence reflection coefficient defined by
-7 -1
poc pv _ C (220)

r=— =
,DOC+va <+1

The highest absorption under normal incidence is achieved at the purely real impedance
¢ = 1+1i0 when the wall impedance matches that of the surrounding medium. High
reflection and, consequently, low absorption occur at high wall resistance or high reactance.?

An optimal impedance in the grazing incidence case depends on the duct geometry, liner
length, flow conditions, mode order, and the optimisation goal (absorption, transmission
loss, radiated sound out of the nacelle7...)[126]=[34]. The optimal impedance for maximising
the attenuation of the least attenuated modes for a liner of infinite length in a rectangular
duct of well cut-on modes with uniform flow can be expressed asl*271:[128].[129]

Gopt = (0.929 — 10.744)%ﬁ (2.21)
with M denoting the bulk flow Mach number. This impedance leads to the greatest
possible sound attenuation in a rectangular one-sided lined duct. This is because there is
no sound-carrying mode in the duct whose attenuation is greater at any frequency, i.e., the
maximum attenuation of the least attenuated modes is achieved[!3% PP- 79881 ' The optimal
impedance for the flow duct used in this work (introduced in Chapter 4) with a height of
l, = 60 mm with and without uniform flow is plotted in Fig. 2.1.

Note that the optimal impedance is frequency-dependent, which differs from the optimal

3An acoustic hard wall (%—’:\wan =0) with { =00 — r =1 in Eq. (2.20) is totally reflective with no
absorption. An acoustic soft wall (p/|wa11 = 0) with ( =0 — r = —1 is also totally reflective with no
absorption.
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Figure 2.1.: Optimal impedance for a rectangular duct with a height of 60 mm with and
without uniform flow of M = 0.3, upstream (-) and downstream (+)

impedance in the normal incidence case. The optimal resistance increases with frequency,
whereas the reactance has a negative slope. An optimal liner impedance should have the
same slope for optimal damping across all frequencies.?. In addition, the slope of the
optimal impedance changes with the flow strength and direction. Thus, a liner placed at the
inlet (upstream of the source) needs to be optimised differently than that in the aft section
(downstream of the source). Note that this is only a rough estimate, and a rigorous liner
optimisation requires much more effort, as it needs to be adapted to the noise environment
where the liner is deployed. Therefore, no general-purpose optimal liner exists.

Terminology

In the context of acoustics, ‘absorption’, ‘damping’ and ‘dissipation’ are sometimes used
synonymously. This short paragraph clarifies the use of certain terms in this work. The
definition of these terms is adapted from Morfey'17].

Attenuation refers to the reduction in the amplitude of an acoustic field variable, such
as acoustic pressure fluctuations. Absorption at a boundary is defined as the loss (or
escape) of acoustic energy from a sound field, i.e., the loss of acoustic energy between
an incoming and reflected wave, relative to the incoming wave’s acoustic energy. In this
work, absorption refers to the attenuation of acoustic energy in the normal incidence case.
Damping is defined as the absorption of energy in a propagating wave or the loss of energy
from an oscillation system via dissipation or radiation. In this work, damping is used to
describe the dissipation of acoustic energy. Dissipation is defined more generally as the
irreversible conversion of acoustic energy into thermal energy. In this work, dissipation
is used to describe this physical mechanism, as well as an abbreviation for ‘dissipation
coefficient’, which is based on scattering coefficients and introduced in Chapter 4. Silencer

4This is most likely impossible to fully realise as the reactance of liners generally have a positive slope,
as depicted later in Fig. 2.3.
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and (acoustic) liner are used synonymously in this work to describe passive devices intended
to reduce noise emissions. Another common entity to describe silencers, although not used
in this work, is the transmission loss, which is defined as the reduction in sound power level
between an incident-wave power arriving at, and the transmitted-wave power leaving the
silencer, when the silencer is anechoically terminated. A high transmission loss can be due
to high reflection, dissipation of energy, or both, whereas a high dissipation coefficient is
only due to dissipation, given that there is no sound leakage or mode scattering.

2.2. Helmholtz resonator

In essence, a Helmholtz resonator is a rigid walled enclosure with an aperture that links it
to its surroundings. The lowest resonance, known as the Helmholtz resonance, is primarily
volume-dependent rather than being affected by the cavity’s specific dimensions. This is in
contrast to standing waves, e.g., in pipes, where a fraction of the corresponding acoustic
wavelength in the resonance case matches the system’s dimensions. Consequently, no higher
harmonics of Helmholtz resonance frequencies exist. The Helmholtz resonator is named after
Hermann von Helmholtz, who applied potential theory to describe open organ pipes131.
He also used spherical Helmholtz resonators® as selective Fourier analysers of sound[132],
Helmholtz’s work on organ pipes and resonators, later named after him, was largely extended
by RayleighP®l and Ingard[!33l. Helmholtz resonators are mainly used to damp sound as
sound absorbers for low frequencies in silencer design[134]. Apart from liners, they can
also be found as absorbers in room acoustics!'%, such as the prism-shaped resonators®
which also act as diffusors in the Berliner Philharmoniel!35: pp- 181-182] ~ According to Roman
architect and siege-engineer Vitruvius, vessels, i.e., Helmholtz resonators, were placed in
ancient Greek and Roman theatres in the audience area. Whether the purpose of these
vessels was to absorb or amplify sound remains unclear. In any case, their impact on
most metrics is negligible, which could be the reason for their abandonment in subsequent
theatres!'30l. In contrast to attenuation, Helmholtz resonators are also used as amplifiers in
musical instruments such as ocarinas or resonant bodies of string instruments'37l, enhancers
of deep bass tones of organslwgl or bass reflex loudspeakers!*39. Recently, even the sound
of hand-clapping was found to be similar to that of a flow-excited elastic Helmholtz
resonator140],

The system can be treated as acoustically compact for frequencies with wavelengths much
smaller than the dimensions of the resonator. In this case, the Helmholtz resonator can
be modelled as an equivalent mechanical mass-spring system. A sketch of a Helmholtz
resonator and its equivalent mechanical system is depicted in Fig. 2.2.

In the mechanical analogy, the air inside the perforate with a single hole of diameter dy,
moves as one piston with a mass mpyr = poAhh;S and the air in the cavity is adiabatically
compressed with an equivalent stiffness syr = £0c®A}/Vay, which leads to the resonance

5The resonators used by Helmholtz had a second opening at the back, which was terminated by a
flexible wall - the ear drum. However, the latter was assumed to be sufficiently rigid.

SHowever, predicting the absorption of these resonators was found to be too difficult and instead the
absorption spectrum was determined experimentally in a reverberation chamber.
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Figure 2.2.: Sketch and simple mechanical model of a Helmholtz resonator

frequency of a simple harmonic oscillator!36!

. 1 SHR c Ay
= = . 2.22
fur or\ mur 27 \l Veav g ( )

Ay, denotes the hole surface area, hf, the perforate thickness with additional end corrections
that are introduced in Section 2.3 and Vi, the cavity volume. Therefore, the Helmholtz
resonance frequency is lower for larger cavities with thick perforates.” A mass-spring-
damper model of a Helmholtz resonator with an additional damping term can be used as a
time-domain impedance boundary condition for numerical liner simulations/!41l.

Alternatively, the simple Helmholtz resonator can be modelled as a series connection

between a short open tube and short closed cavity!109: - 154]
Ay
XHR = stAil + Xcav (223>
cav

with xcav and xg denoting the reactance of the air in the cavity and the face sheet
respectively, as

1
Xeav = — €0t (koleav) = — , for koleay < 1 (2.24)
kolcav
Xfs = tan (k()h/fs) ~ k() hI,'sv for k‘()h/fs < 1, (225)

where l¢ay denotes the cavity depth. The factor AA}‘ ensures the continuity of the acoustic

cay

flux since the face sheet hole and the cavity have different cross-sections. Resonance occurs

"Unintuitively, the resonance frequency increases with a wider orifice area, which one would assume
increases the resonator’s equivalent mass and consequently lowers the resonance frequency. This result
stems from the fact that whereas the equivalent mass of the air in the orifice is indeed proportional to Ay,
the equivalent mechanical spring stiffness of the air in the cavity is proportional to A7.
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at x = 0 and therefore

o furhh A 1 ¢
o_ Zmfurhg An < (2.26)
& Acav 27'erR leay
c A
fir = 2 (2.27)

2\ Acavleavhpy’
which is the same result as Eq. (2.22).

The normalised reactance of the simplified Helmholtz resonator model for a generic geometry
is plotted in Fig. 2.3. The Helmholtz resonance, which is a zero-crossing of the reactance

5
0 ///—’4,
xR
X 50 fur |
Q
=
=] /
g
&) -10 | 4
-15 - — Xcav ]
—Xh
XHR = Xcav + X
220 | L | | N
0 500 1000 1500 2000 2500 3000

Frequency f in Hz

Figure 2.3.: Normalised reactance of a generic simplified Helmholtz resonator

with a positive slope is marked with fyr. The overall reactance at low frequencies is
dominated by the cavity Xcay & —1/f. In contrast, because the inertial impedance of the
perforate increases linearly with frequency xy, o< f, it dominates the impedance above the
resonance. For higher frequencies, the inertia of the air in the holes acts as an acoustic
barrier to incident sound waves, which is expressed as a high reactance.

A more realistic impedance model of a Helmholtz resonator liner must incorporate additional
effects. The face sheet impedance consists of the impedance of the air in the face sheet itself,
exterior end corrections, nonlinear effects due to high sound pressure levels and grazing
flow. All these contributors are introduced in the next section.

2.3. Modelling of Helmholtz resonator impedance

This section provides a brief overview of important aspects when trying to model the
impedance of the perforate face sheet (g and the cavity, which together constitute a
Helmholtz resonator. The face sheet impedance needs to incorporate multiple phenomena,
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such as viscous losses at the viscothermal boundary layer in the orifices, the effect of orifice
interaction and exterior boundaries, high sound pressure levels, and the effect of grazing
flow.

2.3.1. Viscous impedance of an orifice

An opening can be understood as a very short duct with the same physics as in Section 2.1.2.
The viscous boundary layers on the walls inside the opening contribute to the resistance
and, for long openings with a small cross-section, also to the reactance. The influence of
the thermal boundary is layer is negligible due to the short duct length since there is no
build-up of pressure in a short tubel!33. Most current perforated face sheet impedance
prediction models are based on Crandall’s derivations for circular ducts!*2143] - Crandall’s
theoretical model of an aperture’s impedance considers the air in an infinite duct and the
shear forces due to the viscous boundary layer at the wall. In an infinite duct, the velocity
profile has only a radial dependency, and any end effects are absent. The mean velocity
can be calculated by integrating over the tube under the appropriate boundary conditions,
and the transfer impedance can be derived from the pressure gradient over the tube. By

treating the orifice as a duct of finite length hg the impedance of the duct can be expressed
J[144]
as

_ 2 Jl(ksTh) -
ksry Jo(ksrn)

with Jgg,1; the Bessel function of the first kind of zeroth and first order respectively, ry the

Ch = ikohgs |1 (2.28)

hole radius, and ks = 1/—iw/».8 Before the introduction of modern computer technology,
the evaluation of these Bessel functions used to be challenging and several approximations
of Eq. (2.28) have been derived and used in several impedance models:

o For low frequencies and very narrow orifices (e.g. d, < 0.1 mm at 1000 Hz) Eq. (2.28)
can be approximated by
8uhis 4

Chit = 5 +i-kohgs, for Sh < 1. (2.29)
pocry, 3

Equation (2.29) is only relevant for porous materials and is associated with Poiseuille
fAowl113],[145]

e For macro-perforated plates (e.g. d > 1mm at 1000 Hz) Crandall gave an approxi-
mation of Eq. (2.28) as

Chnt =

hes V2pow .
%Mu +i) +ikohs,  for Sh > 10, (2.30)
h

pPoc

which was used for example by Guess!'#6l. Note that both the resistance and reactance

depend on the orifice length-to-width ratio f—: and are frequency dependent.

o Maall4s] investigated micro-perforated plates (e.g., 0.1 mm < dj, < 1 mm at 1000 Hz)

8Note that |k,7n| = |Sh| and that by neglecting any viscous effect, the imaginary part of Eq. (2.28)
reduces to Eq. (2.25).
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and gave an approximation of Eq. (2.28) for intermediate shear wave numbers

8vh riw 1
Gt = 2 |14 222 igohg [ 14+ ———|,  forl<Sh<10. (2.31)
Th 32v 9 + rlzlw
2v

Atalla and Sgard™7l proposed to model the impedance of an orifice, including viscothermal
losses, as an equivalent fluid. Equivalent fluid models are generally used to describe the
impedance of porous materials. The idea is to describe the porous material as a fluid
whose properties are approximated by an equivalent or effective density and an equivalent
compression modulus. There are several approaches for describing the equivalent parameters,
which differ in terms of complexity and area of application!'8l.9 Atalla and Sgard showed
that a perforated plate can be modelled as an equivalent fluid following the Johnson—Allard
approach[lsol*[l‘r’l] with an equivalent tortuosity. Modelling the perforated plates as an
equivalent fluid offers the advantage of being able to represent both macro- and micro-
perforated plates. They also showed that their impedance model can be converted into the
classical equations based on Crandall’s work for describing the impedance of openings and
perforated plates in the high and low frequency limit!*¥7l. The impedance of one hole is
given as

Ceqf = ik()hfs& (2‘32)
P0o

All viscothermal effects are captured in the effective density pe, which for circular holes can
be expressed as

_ oo idpowpa’
Pe = Qoopo | 1+ - t 1+ pg 5200 : (2.33)
iWsopo o2oir?

Neglecting end corrections and hole interactions yields o, = 0 = 1, with @, denoting
the geometrical tortuosity. oy = % denotes the flow resistivity, which non-normalised
h

corresponds to the resistance in the low frequency approximation Eq. (2.29).

A comparison between these approximations and the original formulation by Crandall is
presented in Fig. 2.4. If viscothermal losses are neglected, the resistance is zero (black
dashed). Except for the high-frequency approximation (green), all models coincide with the
low-frequency approximation (yellow, dashed) for small shear wave numbers. For Sh > 5,
the original formulation (red, solid) shows the highest resistance, whereas the mid-frequency
approximation (purple, dashed) and the equivalent fluid formulation (light blue, dashed)
predict similar but slightly smaller resistances. The high-frequency approximation predicts
lower resistances.

The reactance is predicted almost identically by all models. The only exceptions is the
low-frequency approximation (yellow), which overpredicts the reactance for higher shear
wave numbers, and the neglection of viscothermal effects (black), which leads to a lower
reactance prediction.

The impact of different viscothermal models for a generic orifice (dy, = hg = 1mm) in
a typical low-frequency range up to 2000 Hz is depicted in Fig. 2.5. The low-frequency

9A similar approach is commonly used in the context of acoustic metamaterials where an dynamic
effective mass and effective bulk modulus is used that may even become negative at local resonances!"*°!.
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Figure 2.4.: Different approximations of specific normalised orifice impedance as a function
of shear wave number Sh. ‘no losses’ refers to Eq. (2.25). ‘orig.’, refers to the
original formulation by Crandall Eq. (2.28), and ‘low-freq.’, ‘mid-freq.”, and
‘high-freq.” refer to Eq. (2.29), Eq. (2.31) and Eq. (2.30), respectively. ‘eqf’
refers to Eq. (2.32).

approximation and neglection of viscothermal losses significantly deviate from the other
models with respect to the resistance. However, there is not much difference between
Crandall’s original formulation, its mid-frequency approximation and the equivalent fluid
model. All models except the low-frequency approximation are aligned for the reactance.
Moreover, viscothermal effects do not significantly affect the reactance inside the orifice for
the exemplary orifice, as all models also align with the ‘no losses’ case.
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Figure 2.5.: Different approximations of specific normalised orifice impedance for a generic
orifice (d, = hgs = 1mm) versus frequency. ‘no losses’ refers to Eq. (2.25).
‘orig.’, refers to the original formulation by Crandall Eq. (2.28), and ‘low-freq.’,
‘mid-freq.’, and ‘high-freq.” refer to Eq. (2.29), Eq. (2.31) and Eq. (2.30),
respectively. ‘eqf’ refers to Eq. (2.32).

2.3.2. End corrections

The airflow through the orifice affects the surrounding air in a close proximity. The air
outside yet in the vicinity of the orifice increases the face sheet impedance. The additional
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mass of fluid beyond the orifice participates in the oscillatory motion and must be considered
to accurately predict the resonance frequency of a Helmholtz resonator in Eq. (2.27). This is
usually incorporated by modifying the orifice length hg with an added length hf, = hg+Jada,
with Jagq = Gin + Gou331144 . The situation is depicted schematically in Fig. 2.6, where a
finite element simulation was conducted to calculate the velocity field in the vicinity of a
generic orifice.

Figure 2.6.: Exemplary acoustic velocity field at a generic orifice (hg/r, = 3, f = 400 Hz)
generated with the commercial finite element software Comsol Multiphysics
with visible extension of acoustic velocity outside the orifice

Rayleighl'52 P- 151] jnyestigated the vibration of a circular plate in an infinite baffle. As-

suming that the air mass behaves similarly as a vibrating piston in an infinite baffle, he

showed analytically that the one-sided end correction for a round opening is
8
Oin = out = 3. (2.34)

The radiation resistance and reactance are the real and imaginary parts of the fluid loading
on the driving piston!53 P- 921 The end correction can be seen as the reactive part of the
radiation impedance[mz’ pp- 383-387]  Ap in-depth discussion of the radiation impedance for
various geometries was given by Mechell!5% PP- 281-356] - Note that Eq. (2.34) is independent
of the frequency since it is the limit case for kory, — 0, i.e., wavelengths larger than the
hole radius, and only depends on the orifice width.

The end correction’s relative contribution depends on the orifice length. It can be neglected

for hgs > r; but in the case of an infinitely thin plate, the orifice reactance only consists of

its end correction term. Dickey found a good agreement between the correction obtained by

Rayleigh and measured values at low sound pressure levels'%!. Ingard'33] generalised the

solution for other aperture geometries by considering higher order modes at the cross-section

at the orifice’s edge and found that the end corrections for square and round apertures do
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not show any significant differences.’® This was later confirmed experimentally for various
aperture geometries (circular, square, triangular, star-shaped, stepped oval) at a constant
porosity[gl] .

Looking closer at Fig. 2.6, the added length is not simply a virtual extension of the
cylindrical shape of the orifice mass. In reality, air is also drawn in from the radial direction.
Two sources of friction losses in the vicinity of the aperture opening exist. Friction losses
on the wall surrounding the orifice were accounted for by an additional resistive term by
Ingard['33] as the real part of the radiation impedance for kory — 0 as 0.5(korn)2. Sivian/57]
argued that the radiation resistance is negligible and proposes an additional resistance
by extending the orifice length similar to the mass-end correction. This may appear as a
mixture of different effects, e.g., modelling the friction losses on the surrounding wall and
outside the hole by friction effects inside the orifice. There is no consensus yet on how to
incorporate these effects!!4-16L1158] which might be due to the fact that their contribution
in practice is rather low, where flow effects dominate the resistance.

Wall effects

The end correction in Eq. (2.34) was derived from a piston in an infinite baffle and assumes
no constrictions of the air mass outside the orifice due to nearby walls. For a single hole in
a large cavity equivalently i, = dout, and therefore d,qq = ;—irh However, this is invalid
when the holes are close to the cavity walls, e.g., for a Helmholtz resonator with a narrow
cavity. In this case, the additional air mass is reduced, and the end correction is scaled by
an ‘end-correction-correction’ hf, = hgs + daqa®). There exist several solutions for ¢ in the
literature.

Ingard33], by means of an inviscid theory, analytically derived the end correction for a
circular perforation in a circular duct, a circular perforation in a rectangular duct, and a
rectangular perforation in a rectangular duct by taking into account the effect of higher
modes around the cross-section change near the orifice borders. For a circular aperture in a
circular tube, he provided an approximate solution
. Th
Yee =1 —1.25& ¢ with e = , (2.35)

cav

which is valid for low & . < 0.4. He did not provide an explicit approximate correction term
for a circular aperture in a square tube. However, this value can be derived graphically
as the curvature for low porosities[159], which is based on a plot from his more rigorous
solution and is given here as
. Th
Yos=1—114&  with&s=——, (2.36)

cav

which is also valid for & < 0.4 with acay the distance between the aperture centre and the
wall.

°Tn contrast, the sound hole shape of a violin is important, as the face sheet, i.e., top-plate, itself acts
as a vibrating source, which is excited by the bowed string through the bridge. The evolution of the sound
hole shape of a violin from O-shaped to C-shaped to f-shaped is due to the maximisation of radiated sound
power near the outer perimeter!*>l.
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Alternatively, the effect of cavity walls can be accounted for by the Fock[*6% function®!.
Fock investigated the end correction for an infinitely thin circular perforation in a circular
duct at low frequencies. The Fock function is a Taylor series expansion of the underlying
Bessel function and reads

12
wFock = Z an(é-c,c)n (237)
n=0
with
ap = 1
a; = —1.40925 az =0 a3z = 0.33818 as =0
as = 0.06793 ag = —0.02287 a7 = 0.03015 ag = —0.01641
ag = 0.01729 ajp = —0.01248 aj; = 0.01205 a2 = —0.00985.

2.3.3. Impedance of multiple orifices

The impedance of an orifice can be used to determine the impedance of the whole face
sheet by considering the continuity of pressure and acoustic flux. If there is no interaction
between the holes, then the impedance of the face sheet as a collection of holes is given
asl29: p. 29]
G
h
Cis = 2. (2.38)
o
The porosity or open-area-ratio o is defined as the ratio of the open-area of one orifice to its
"2
unit area 0 = A/(Ayet). For a circular orifice in a regular square perforation pattern o = 7:2"

where ng denotes the number of orifices per cavity and A,y the cavity’s cross-section. If tlffe
hole distance is approximately twice the distance from the outer holes to the cavity walls,
o~ nfs%i. Porosities for different perforation patterns can be found in Lahiril!61 p- 241,
Neglecting interaction effects in Equation (2.38) is only valid for low porosities o < 4 %,
when the apertures are far apart. In this case, the holes can be treated as independent. This
assumption is invalid at higher porosities because the acoustic flow through one opening

affects the acoustic flow through the adjacent orifices.

The interaction effects between apertures and walls can be used to describe the interaction
effect between multiple apertures in one face sheet because the effect of multiple openings
above one cavity can be expressed by mirror sources that act like virtual cavity walls at the
rims of each opening. Thus, the approximate solutions to model the constricting effect of
the cavity walls can also be used to model the hole interaction effects. Equation (2.36) is
used for example in Atalla and Sgard[l‘m‘ Based on experimental data, Nesterov!162] gave
an approximate of Eq. (2.37)

'L/)Nesterov =1- 1~47€c.c + 0476397 (239)

which is used for example to model the influence of the porosity in Ver and Beranek!!63: p- 270]

or Elnady[164],

Many common impedance models!M461[1651[166L.[167.[168] ;156 the correction term thauess =

"Note that Fock!'®! introduced a correction term for the conductance of a hole, which is inversely
proportional to its impedance. Consequently, the original function was defined as the inverse of ¥pock used
here. Yrock, as defined in Eq. (2.37) shortens the additional length.
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1—0.7y/o, with Guess being the first, citing Ingérd[133] as his source.'? Special care must
be taken when the apertures are not distributed homogeneously, i.e., when the distance
between the holes is not equal and the distance from the holes close to the wall is not
spaced away from half the distance to other holes. In this case, the interaction factor may
differ for each hole and for i, and doyt. A more in-depth discussion of inhomogeneous hole
interactions can be found in Tayong!!'%, Schiller and Jones['7™l, or Javareshkian et al.l171].

The aforementioned hole interaction factors with ¢ = /o are displayed in Fig. 2.7. Liners
usually have a porosity lower than 30 %, as perforates with ¢ > 30 % can be treated as
acoustically transparent up to high frequencies[”?* p- 254 Most models show similar values
in this region, except Yguess = 1 — 0.7y/0. Yrock (purple) and 9nesterov (green) predict the
strongest reduction. Note that Ingard’s approximations (red and yellow) do not approach
zero for a porosity of 100 % as they are only valid for porosities up to 16 %, marked with a
dashed line. However, the rigorous, but not the approximate solution, of the interaction

1 : : : ‘
| —1-0.7/0
| — 11145
= 0.8+ i 1—1.25\/0 |
8 3 — (/o) ‘
E ; —1-147/7 + 047"
= : 1-0.7y/70
0.6 !
= . —VPJacuen
S )
£ \
]
z 04 3
E s
3 i
] L ! ]
= 0.2 |
0 3 ‘ ] :
0 20 40 60 80 100

Porosity o in %

Figure 2.7.: Comparison between different hole interaction functions
effect correction by Ingérd gives very similar results to the end correction as obtained by

Fockl17: P- 151 Jaouen and Bécot!'™ gave a fit to Ingard’s rigorous solution for a circular
orifice in a square duct that is valid for the whole porosity range

YJaouen = 1 — 1.13€ — 0.0962 + 0.27€3, with £ = 2\/2 (2.40)
™

2.3.4. Influence of high sound pressure level

At sufficiently large incident sound pressures, the impedance of an orifice depends on
the amplitude of the acoustic particle velocity in the vicinity of the orifices, making it

2However, this correction term is not explicitly stated in Ingéards original paper. One possible derivation
2
might be from the identity of the porosity given a square pattern o = % = wf?yb with the end correction for

a circular aperture in a circular tube ¥Guyess z Ye,e(€ers) =1—1.256cs =1— 1.25\/§ ~1— \/g ~1-0.7\/c
(dashed light blue in Fig. 2.7).

28



nonlinear!7. In this case, the assumptions of the linear wave equation do not hold because
acoustic energy is converted into turbulent energy and heat. The sound particle velocity in
the vicinity of the orifice is maximised near the Helmholtz resonance. Therefore, nonlinear
effects in a Helmholtz resonator can occur at lower sound pressure levels than in a free field
situation.

The nonlinear behaviour of orifices was analysed first by Sivian[*57l. He interpreted the
behaviour as the conversion of acoustic energy to turbulent energy. He modelled the addi-
tional nonlinear resistance by assuming an isentropic stationary flow and found acceptable
agreement with his experimental data when adding this term to the linear impedance.
Ingérd and Labatel!™ carried out Schlieren experiments to visualise the acoustic flow
through openings and showed that acoustic excitation with large amplitudes leads to jets
and the generation of vortex rings that detach from the openings at the frequency of the
acoustic excitation. This was later confirmed by numerical simulations by Tam et al.l'77],
Additionally, they confirmed that the vortex-shedding mechanism is the dominant sound
dissipation mechanism at high sound pressure levels. Ingard and Labate demonstrated the
existence of several possible flow regimes for given particle velocities. They also found that
the reactance was reduced in addition to an increase in resistance. This was explained in a
later study by Ingérd[133] where he showed that the acoustically induced flow separation
pushes away some of the external oscillating fluid mass. The corresponding kinetic energy is
transferred into turbulent motion and finally dissipated at a certain distance from the hole.
Consequently, this effect can be considered by a decrease in the face sheet reactance and an
increase in the face sheet resistance. Ingérd and Ising!'™! used hot-wire measurement of
the oscillatory flow in the orifice and derived an analytical expression of the nonlinear face
sheet resistance assuming quasi-stationary flow using Bernoulli’s principle p’ ~ povf?, where
v denotes the root mean square acoustic particle velocity in the orifice. Zinn['™! proposed
a nonlinear resistance of Helmholtz resonators as a function of the discharge coefficient Cy.
The discharge coefficient is defined as the ratio of the actual flow rate to the theoretical
flow rate through the orifice. The discharge coefficient considers the jet contraction and
friction losses and depends on the flow conditions as well as the orifice geometry. Typical
values for sharp-edged orifices range from 0.6 to 0.8/115 P- 381 Most models for additional
nonlinear resistance are of the following type:

1—o%u)

O = NSPLioc,g - (2.41)

with Melling giving kspr, = 0.61144], Elnady uses kgpr, = 0‘5[164]7 Laly et al. use kspr, =
435 ~ 0.42[180 whereas Motsinger and Kraft use kspr, = "‘;“e, with x; + ke ~ 1 for simple
perforates[165]. Murray uses Eq. (2.41) with an unpublished constant KSPLU“]‘ Guess uses
no empirical constants, i.e. kgpr, = Cq = 11161 Note, that Eq. (2.41) is purely real and,
therefore, neglects any nonlinear effects on the reactance. Furthermore, it depends on the
face sheet porosity o and linearly on the root-mean-square acoustic particle velocity in the
vicinity of the orifice vj. Because the acoustic particle velocity is a function of the surface
impedance }v{]| =7'/|¢(+})|, the particle velocity and impedance must be determined via an

iterative process. Using an electro-acoustical analogy and Bernoulli’s principle, Park/'8!l
gives an estimation of the root-mean-square velocity in the orifice:

, c o 2\/§p£n 1-
~— 0.25 —-0.5 2.42
Urms \/i 1— o2 + pocZ o2 ’ ( )
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which can be used as a starting point for the iterative procedure. pl, denotes the root-
mean-square incident pressure in Pascal, which in air can be calculated from the incident
sound pressure level pag as ply, = 2 x 1075 Pa 10748/,

Temiz et al.l'82] investigated the transition from the linear to the nonlinear regime, where
there are nonlinear effects, but the assumption of a stationary flow does not hold. They
showed that the resistance in the transition region is proportional to the square of the
amplitude of the sound velocity in the holes. This is different for regimes with strong
nonlinearities where there is a linear dependency, see Eq. (2.41). They also found a
dependence on the shear number Sh, which, however, rapidly disappears with increasing
hole diameter. Furthermore, the effect of the sound velocity can be neglected, when
1/t < 0.2. This threshold is expressed by the Strouhal number on the basis of the hole
diameter Stq, = % = % with & = v'/u denoting the acoustic particle deflection of a
plane wave.

The sound pressure level alone is insufficient to characterise the nonlinear behaviour of
orifices and, consequently, liners when excited by complex sound sources. Ricel'83] found
that vortices at the edges of an opening can detach if the acoustic particle deflection exceeds
the orifice diameter. He observed a strong interaction of the amplitude at one frequency
upon the resistance at the other frequency with a two-frequency excitation. Bodén and
Fritzell found that the excitation type affects the overall acoustic behaviour™®. Kreitzman
and Jones!189] investigated the influence of various source types, such as broadband noise,
multitones, and swept sine waves. They found that the relative phases and velocity ratios
between different frequencies need to be considered. Roncen!'80 recently revised the
nonlinear impedance of acoustic liners and showed that a frequency-isolated liner impedance
is insufficient in broadband excitation contexts with high sound pressure levels. He proposed
a time-domain representation instead. The link between acoustic impedance and source
type is a current research topic under investigation by the International Forum for Aviation
Resecarch[1871.[188]

2.3.5. Influence of grazing flow

The main applications of acoustic liners are flow channels. A grazing flow changes the liner
impedance — the resistance is increased, whereas the reactance decreases!!89-190L191] " The
underlying physics is still not fully understood!® and still a great topic of debate within the
acoustic liner community, especially regarding flow direction!129].

Feder and Dean!'® as well as Ingard['™! hypothesised that the grazing flow leads to the
formation of a turbulent boundary layer above the opening and to velocity fluctuations in
the boundary layer, which are superimposed onto the acoustic flow. Assuming that the
characteristic frequency of the turbulent flow is considerably smaller than the acoustic
frequency, the influence of the turbulent velocity fluctuations on the acoustic impedance is
similar to that of a steady velocity through the orifices. In this case, the behaviour can
be approximated with Bernoulli’s law with quasi-stationary behaviour similar to the high
sound pressure level case. Rodgers and Hersh'93 illustrate the overflow of openings by
considering the shear layer detaching at the leading edge of the openings as a lid fixed at

BE.g. Hersh!'92]; ‘Although it is clear that a correlation exists between the resistance peaks and the local
“flattening” out of the reactance, we do not understand the physical mechanism(s) causing this behaviour.
The model empirical parameters need to be calibrated by a large database of impedance data.’
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the leading edge that moves at the frequency of the acoustic flow. As the flow velocity
increases, the mobility of the lid decreases, which impedes the acoustic volume flow through
the openings. Guess!!*0l gives an estimation of the additional face sheet resistance due to
grazing flow

1—o%uy 1 2

— 0
Oy = — My 2.43
gf = c Kgf o gfy ( )

where uy ~ Kgrugs. Kgr = 0.3 is an empirical constant that links the grazing flow velocity
ugr with the flow velocity in the orifices uy. It was determined from acoustic resistance
measurements with flow by Rice et al.183] Kabral et al.194 use the same expression, but
with kg = 0.5.

Later, Heidelberg et al.19] realised that the effect of the turbulent boundary layer cannot
be ignored and based on new resistance measurements, proposed

My

O = ———— B 2.44
&7 o (24 1.256 5°/ay) (2.44)

with 6* denoting the boundary layer displacement thickness. For a uniform grazing flow with
no boundary layers and small porosities, Eq. (2.44) reduces to Eq. (2.43) with g = 0.5.

Jones et al.43] used an optimiser and their large experimental database of liner impedances
at their Grazing Flow Impedance Tube and proposed to replace 1.256 with 3.32 in Eq. (2.44).
Other published models usually take a modified form of Eq. (2.44) with empirically deter-
mined constants!'60 119611197 Using these empirical constants has the drawback that they
lack physical insight, may suffer from over-fitting and are most likely dependent on the
testrig and flow conditions.

Kooi and Sarin!'%7l investigated the effect of different boundary layer profiles by injecting

air and based on in-situ measurements proposed:

(1) 0.4 <hsfay, < 1.6

5 — hefd, - . .
Oy = ff/d‘ (9.9% - 3‘3> L) 5> 02 (2.45)
(3) vfur <4

u* denotes the skin friction velocity that was determined by measuring the flow velocity in
the vicinity of the wall using hot-wires and fitting the data to the velocity distribution in
the ‘law of the wall’ region. The first limitation in Eq. (2.45) stems from the geometries
of their liner samples, the second limitation ensures that the flow induces resistance is
significant, and the third limitation restricts the applicability to cases where the grazing
influence dominates over high sound pressure level effects. The drawback of Eq. (2.45) is
that it involves the experimental determination of w* which requires significantly more
effort than the mean grazing flow Mach number M.

Zhang et al.'98] numerically studied a single Helmholtz resonator with grazing flow. They
confirmed that the flow in the orifice was asymmetric due to the grazing mean flow. They also
found that the inflow and outflow profiles differ and depend on the turbulent boundary layer.
The external boundary layer of the grazing flow creates background vorticity analogous to
a lid-driven cavity and imposes a velocity scale proportional to the boundary layer friction
velocity, further justifying the approach of Eq. (2.45). They identified multiple velocity
scales due to turbulent boundary layer velocity fluctuations and the incident sound pressure
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that is modulated by the background vorticity.

The reactance effect of the grazing flow is usually either ignored or modelled by an empirical
‘end correction correction’ in absence of an analytical modell 1671 [199L[146] gych as 6add,g[‘ =

Jadd (199 Tn contrast, Kabral et al.1%4 yge Xgt = —0.3 My /0.

—add a5 proposed by Rice
T+0503, 45 PTOP Y

Most impedance models rely on empirical constants to model the influence of grazing flow
on the liner impedance. In addition, the overall resistance is often dominated by flow
effects even under moderate grazing flow. Jones et al. evaluated the accuracy of multiple
impedance models. Although the impedance without flow agreed well with the experimental
data, the error was significantly higher in the grazing flow casel209 However, these errors
may also stem from imperfect liner eduction techniques, as the overall liner impedance
cannot be directly measured in a grazing incidence setting. This highlights the need for
better analytical modelling of the underlying physics, both, in impedance eduction and
liner impedance modelling and may indicate that certain key parameters are missing in the
analysis so far.

The momentum transfer from the flow to the wall may be such a key parameter that
was neglected but may be a central physical mechanism that alters the liner impedance.
Aurégan and Renoul21292] define a wall friction coefficient to consider the transfer of
momentum into the lined wall induced by molecular and turbulent viscosities. Schulz et
al.l24 argue that additional viscous forces arise when a flow grazes over an opening that
strongly decelerates the acoustic flow through the opening, depending on the flow profile in
the duct. Modelling the influence of the wall shear stress by a so-called impulse transfer
impedance is still an ongoing research.

Combination of high sound pressure levels and grazing flow

Liners in aircraft engines are subject to both grazing flow and high sound pressure levels.
Ingard assumes a linear additive superimposition of both effects as a first order approximation

(1—0)? ||+ un

= ; (2.46)

0nl+gf =
Goldman and Panton!"9!! showed experimentally that high sound pressure levels only affect
the acoustic behaviour if v/ |/u > 3, with u, denoting the skin friction velocity, which is
linked to the turbulent wall boundary layer. Therefore, the additive superimposition is valid
only above a certain threshold. Kooi and Sarin!'67l found the threshold to be ‘U/‘/u* > 4, see
Eq. (2.45), whereas Burgmayer!'®! also gave |v/|/u. ~ 2 — 3. Thus, flow separation occurs
only when the sound particle velocity exceeds twice the wall shear stress, resulting in a
change in impedance due to the periodic flow. However, this value refers to a region and is
not meant as a singular threshold point. A more comprehensive overview that includes bias
flow effects, was given recently by Burgmayer!!58l.

2.3.6. Cavity losses

Most impedance models neglect the viscothermal losses inside the cavity and use Eq. (2.24)
to determine the cavity reactance. A notable exception is the model proposed by Parrott
and Jones !, who used a transfer matrix approach with an effective wavenumber based on
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the Zwikker-Kosten approximation, see Eq. (2.14), to account for the viscothermal losses at
the sidewalls. Kohlenberg et al.2%3 consider the thermal boundary layer at the backplate
and the face sheet, as well as the viscothermal losses at the wall, using the wide tube
approximation Eq. (2.13).

Losses within the cavity fluid, i.e., excluding wall effects, can be neglected under ambi-
ent conditions because they are two orders of magnitude smaller than the losses at the
walls!16%: P- 1301 ' They become significant only at elevated pressures and temperatures.

The cavity can be viewed as a waveguide with viscothermal losses at the cavity walls
with an intermediate cross-section between face sheet holes and a large duct. The pre-
dicted impedance for a generic cavity (cavity diameter deay = 5 mm, leay = 50mm, f €
[200,2000] Hz) for the different approximations Eq. (2.13), Eq. (2.14) and without losses
Eq. (2.24) is depicted in Fig. 2.8. The main difference is visible in the normalised resistance
in Fig. 2.8a. The cavity resistance is zero if the viscothermal effects in the cavity are
neglected (blue). The ‘Wide Tube’ (yellow) and ‘Zwikker-Kosten’ (purple) approximations
coincide for larger shear wave numbers but differ for shear numbers below Sh = g\/% =50
with the ‘Zwikker-Kosten’ approximation predicting a higher resistance. Considering the
viscothermal effects leads to a slightly higher reactance, barely visible in Fig. 2.8b. Note that
a smaller cavity leads to smaller shear wave numbers and a larger viscothermal contribution,
whereas the relative effect decreases for larger cavities. The contribution of the thermal
acoustic boundary layer alone at the back wall is insignificant, except for very low shear
wave numbers. A square cavity with a cross-section of 35 mm X 35 mm corresponds to shear
wave numbers higher than 300 for frequencies over 200 Hz. In this case, the wide tube
solution yields the same results as the Zwikker-Kosten approximation.

1

0.16
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(a) Resistance (b) Reactance

Figure 2.8.: Different approximations of cavity losses for a generic cavity (deay = 5mm,
leay = 50mm, f € [200,2000] Hz)

Summed up, the face sheet and the cavity form the central elements of a Helmholtz resonator.
The acoustic wave is dampened due to a viscothermal boundary layer near rigid boundaries,
such as cavity walls or face sheet holes. Viscothermal effects in the cavity can be considered
by incorporating the boundary layers effects in the fluid to obtain an equivalent impedance.
The wide tube approximation is justified for typical cavity sizes and frequency ranges found
in acoustic aircraft liners. Except for very narrow cavities, the resistive effects are small
compared to that of the face sheet. Most common face sheet impedance models are based on
a formulation by Crandall. Alternatively, the impedance can be described by an equivalent
fluid approach that yields similar results.
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Additional damping occurs when high sound pressure levels or grazing flow is present.
High sound pressure levels lead to jet formation in which acoustic energy is converted
to turbulent energy when the acoustic particle deflection exceeds the face sheet thickness.
Most impedance models consider this behaviour based on Bernoulli’s principle and differ in
empirical constants. Recent research suggests that solely relying on the sound pressure level
alone is insufficient, and the phase information of complex sound sources must be taken into
account. Even more empiricism is involved when attempting to model the effect of grazing
flow. Many impedance models treat grazing flow effects similar to high sound pressure level
effects with different empirical constants that link the grazing flow velocity in the duct with
the flow velocity in the face sheet hole. Other models include boundary layer effects, which
are difficult to measure in the vicinity of the face sheet holes.

While viscothermal effects can be modelled accurately analytically, flow effects are much more
complezx and are presently only approzimated with empirical coefficients, which are specific
to the flow and test rig. A complicating fact is that these flow effects usually dominate over
viscothermal effects when a grazing flow and high sound pressure levels are present. The
development of a generally accepted face sheet model that correctly predicts these flow effects
remains a major research topic in liner research; however, not the focus of this work.
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2.4. Vibration of plates

Plates are thin, flat, elastic sheets with mass and bending stiffness that can vibrate.
Membranes, on the other hand, are thin idealised vibrating elements with mass that support
tension but inhibit no bending stiffness. The mean tension provides the linear restoring
force for a membrane during out-of-plane vibration24l. The term ‘membrane’ is often
used imprecisely in literature!?. Mechel[210; pp- 767-882] distinguishes between limp foils,
membranes, and elastic plates. Limp foils only oppose the pressure difference between
the front and back sides with their mass restraint like a piston, i.e., neglecting tension or
flexural rigidity. A limp foil can still form a resonant system with a support structure, e.g.,
air in a back cavity.

Plates and membranes are idealised representations of reality, and hybrid forms exist in
which the restoring force is due to both bending stiffness and tension, such as a prestressed
plate or a thick membrane. Tensile in-plane edge loads increase the natural frequency of
‘pure’ plates; a strongly prestressed plate can be approximated by a tensioned membrane.!®
In this work, the flexible wall is treated as a thin isotropic plate with uniform thickness
without any pretension.

A general plate behaviour of a finite plate is depicted in Fig. 2.9. The mass and coincidence
region are important in building acoustics in the context of sound transmission between
rooms. Owing to the small sizes of the liners compared with the walls found in buildings,
only region I is relevant for this work. A low sound transmission loss indicates good
excitability of a plate, which is lowest in the resonance frequency region. Therefore, the
flexible wall is expected to be effective close to structural resonances.

2.4.1. Thin plate theory

The flexible wall is modelled in this thesis according to the classical thin plate theory, which
is based on the Kirchhoff hypothesis[mz" pp- 95-15] that states:

e transverse normals before deformation remain straight after deformation;

e transverse normals rotate such that they remain perpendicular to the mid-surface
after deformation;

e transverse normals are not elongated during deformation.

Consequently, transverse strains are zero and transverse stresses are omitted. The bending
stresses and strains are proportional to the distance from the mid-surface. The maximum
stress is on the surface of the plate.

Given these assumptions, the governing equation of motion of a thin vibrating plate due

to an external pressure difference Ap between the two faces of the plate can be expressed
asl213, pp. 139-215].

4 9wy
DV w, + pphpw =Ap (2.47)
YFoils or plates are sometimes called membranes, even though they are mot

prestressed(209120611207L1208L1209] 1) the case of ‘membrane absorbers’, the ‘membrane’ is being

treated as a single mass and, therefore, as a piston!'% P- 2461 Other ambiguous expressions for either
membranes or plates are ‘films’ or ‘panels’, which confuscate establishing a comprehensive literature.
15Contrary, sufficient compressive edge loads buckle the platel204 P- 2081,
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Figure 2.9.: General plate behaviour. This image is protected by copyright; reprinted with
permission of Elsevier Ltd. from/2!!l

with D denoting the flexural rigidity, V the gradient, wy, the plate displacement, and py,
and hy, the plate density and thickness, respectively. A detailed derivation of Eq. (2.47)
is omitted here for the sake of brevity but can be found in textbooks by Timoshenkol2!4],
Szilard?! or Reddy?'?l. The flexural rigidity or bending stiffness D for a thin plate
including mechanical losses expressed in the mechancal loss coefficient 7 is given by

D*(1+')EI*(1+')E7]Z?) (2.48)

TR E T =gy ‘

where E denotes Young’s modulus, I denotes the area moment of inertia and v, denotes
Poisson’s ratio, which links transverse strain with axial strainl16: P- 1531 The mechanical
loss coefficient or mechanical damping measures the degree to which a material dissipates
kinetic energy.

Assuming a harmonic excitation Ap = Ape! and a harmonic response wp = Wp elwt
Eq. (2.47) can be expressed as

DV* by, — iw?pphptiy = Ap (2.49)
A
Vi, — ki, = =L (2.50)
D
with
ky = i 2ol (2.51)

D

denoting the free bending wave numberl216: - 551 16 For free vibrations, Eq. (2.49) reduces
to

Vi, — ki, = 0. (2.52)

16Note, that unlike the phase speed in air ¢, ¢, = w/ky, o y/w is dispersive. The propagating waveforms
are distorted because the high-frequency components propagate faster than the low-frequency components.
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The plate displacement amplitude @ can be expressed as the infinite sum of mode shapes
Pmn and their corresponding modal amplitudes w,,, (204, pp. 200-234]

wP(I7 l/) = Z Wi Prmn- (253)

m

A finite plate’s motion is bounded by its edges. The boundary condition at the edge I', is
commonly idealised either as:

e Free, no loads
2
e Simply supported, no moment or displacement (wp|r, = 83%\1",) =0)

o Clamped, no edge rotation or displacement (wp|rp = %lr‘) =0)

The boundaries of many plates in engineering practice are intermediate between clamped and
simply supported. The boundary conditions have a stronger impact for lower eigenmodes
and smaller plates, because a larger portion of the free plate area is in the vicinity of the
edges. The boundary conditions between clamped and simply supported at one edge can be
represented by spring or load considerations. However, in these cases, analytical solutions
are rarely, if ever, available.

In the following subsections, the complex transfer impedances of the circular and rectangular
plates are derived, which form a central part of the analytical model of the resonator system.
The plate impedance can be derived by assuming a harmonic plate response to the incoming
plane wave acoustic excitation. To calculate the one-dimensional complex plate transfer
impedance, see Eq. (2.18), the mean plate velocity v,y due a incoming plane wave pressure
difference Ap needs to be determined. This includes a modal decomposition of the plate
deflection in the appropriate coordinate system. The corresponding eigenfrequencies are
important as a first estimate where the plate is easily excitable. The analytically determined
eigenmodes can be compared with the numerically determined operating deflection shapes
to better understand the plate’s vibration inside the resonator system.

2.4.2. Circular plates

The mode shapes of a circular plate simply supported or clamped at its edge at the outer
radius R}, can be obtained from Eq. (2.52) in polar coordinates with

? 10 1 92 0 10 1 02
vi— v2v2 — 1 1 =
n (87'2 + ror + r2 (94,92> <8r2 + r or + r2 8<p2> (2:54)

>\m nT Jm(/\m n) Am nT
L,m,n) = | J, ’ - I ! 2.
P(r, p,m,n) Jn< R, > T o) ( R, > cos(my) (2.55)

with J,, denoting the Bessel function of the first kind of order m and I,,, the modified
Bessel function of the first kind of order ml204 pp- 2092101 1 i an azimuthal modal index
that denotes the number of nodal diameters. n is a radial modal index that denotes the
number of nodal circles. A, is a frequency parameter distinct for each mode, and the
angle is denoted by .

as
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The frequency parameter A, , differs for each modal index and boundary condition.
According to Leissal2!7: PP- 7101 the frequency parameter for a simply supported plate
Amyn,s can be calculated using the transcendental equation

']m+1(/\m,n,s) Im+1(/\m,n,s) 2/\m,n s

= = 2.56
J’rn()\m.,n,,s) I’m()\m,n,s) 1- Vp ( >

whereas for a clamped plate the frequency parameter A, ¢ is defined as
Jm(Am,n,C)I"H»l (>\7n,,n,c) + Im(>\m,n,c)Jm+l (>\7n,,n,c) =0. (257)

The corresponding eigenfrequencies can be calculated by linking the frequency parameter
with the bending wave number as Ay, n = kpRp, asl217. pp- 7-10]

/D Eh2
Amin P__. 2.58
fmin = 2rR2\ pp QTrRZ 12p,(1 — 1) (2.58)

The first four radial solutions for A, for simply supported and clamped edges are presented in
Table 2.1. The first radial eigenfrequency of a simply supported plate fy, s is approximately
half of the first radial eigenfrequency of a clamped plate f, . This factor rapidly decreases
for higher order modes. Consequently, the edge condition affects the eigenfrequencies more
strongly for lower radial modes. For illustration purpose, the first nine mode shapes of a

Table 2.1.: First four radial solutions of Eq. (2.56) and Eq. (2.57)

m 1 2 3 4
Ams 2.221 5.455 8.612 11.760
Amc 3.197 6.306 9.439 12.577

S5/ fn e 0.48 0.75 0.83 0.88

circular clamped plate are displayed in Fig. 2.10. Plate modes with a higher azimuthal
mode order (m > 1,n) have a mean displacement averaged over the whole plate close to
zero because of equally strong displacements in both out-of-plane directions. The mean
displacement is not exactly zero due to edge effects at the boundaries and is highest for the
plate mode (1,1), followed by (3,1) and (2,1).

Following Skvor/218: P- 601 Bongard et al.2!! and Jimenez et al.[220: P- 133] the displacement
of a clamped plate for forced oscillations and only considering axially symmetrical modes
can be written from Eq. (2.49) as

Ap
kD

Wp = —

+ AJo(k‘b’r‘) + BlIy(kpr). (2.59)

The two constants A and B can be determined by the clamped boundary conditions

) Ap
dplrer, =0 — k% AJo(kyRp) + Blo(kpR,) (2.60)

o

%\T:Rp =0 — 0= —AJy (ko Ryp) + BI (ku Ry) (2.61)
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Figure 2.10.: First three radial and azimuthal mode shapes of a clamped circular plate

as

A= P Lk Ry) (2.62)
ka J()(kbRp)Il(kbRp) + Jl(kbRp)Io(kbRp) '
Aﬁ Jl(kbRp) (2 63)
kﬁD J()(k‘bR ) (k’bRp) + Jl(kbRp)Io(kbRp) '




The mean displacement Wayg p can be calculated as

R 1 N
Wavg,p = TRI% //S Wp(r)dAp

ﬂRiAﬁ JZ(kpRp)Il(kpRp) - Jl(kpRp)IQ(kpRP)
ktD  Jo(kyRp) I (kpRy) + Ji (kpRy) Io(kp Rp)

(2.64)

with A}, denoting the plate surface area. A detailed derivation of Eq. (2.64) can be found
in the Appendix in Section A.1. Assuming a plane wave excitation of the plate

. 1 R R
APavg = W—Rg / ; ApdA, = Ap, (2.65)
P

the equivalent impedance of a circular clamped plate can be calculated as

7 Ap  Ap
pe i)avg,p N iwwavg,p
iwpphp Jo(kpRp) 11 (kpRp) + J1(kpltp) o (kpRp)

= — . 2.66
”R;% JQ(kpRp)Il(kpRp) - Jl(kpRp)I2(kpRp) ( )

Note, that the plate vibration velocity vy is the time derivative of the deflection w}, and
L L  dwp .

for harmonic signals it yields v, = =5 = iwwp. The complex impedance of a clamped

circular plate with multiple resonances in the low-frequency range (E = 16 MPa, p, =

1080kg/m3, v = 0.48,n = 0.1, hp = 0.3mm, R, = 30mm) is plotted in Fig. 2.11. The

corresponding specific mass reactance wpphy, is displayed as a dashed line for reference.

Note that the resistance and reactance increase non-monotonous with frequency, even

2500 T T T T 6000

)

N
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Plate resistance Re(Z, ) in kg/(m2 s)
Plate reactance Im(Z, ) in kg/(m

-1000
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Frequency f in Hz

Figure 2.11.: Impedance of a clamped circular plate showing multiple higher order modes,
dashed: specific mass reactance wpphy,

though the overall behaviour is dominated by resonances. Because the impedance is a
measure of the complex resistance to an external acoustic pressure, the plate is excitable
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more easily at low frequencies where the impedance is small.

The frequencies where the plate reactance (solid) intersects with the specific mass reactance
alone near 150 Hz, 400 Hz, 850 Hz and 1500 Hz are also the minima of the second derivative
of the reactance and can be thought of resonance frequencies because the overall impedance
is low and the plate is expected to vibrate the strongest. The frequencies of the local
resistance minima are slightly higher. Antiresonances between the resonances are visible as
local resistance maxima with a negative slope of the reactance e.g. at 290 Hz, 730 Hz or
1350 Hz. The plate is expected to be very stiff at these frequencies because the absolute
impedance is very high.

2.4.3. Rectangular plates

The harmonic displacement wy of a rectangular plate in Cartesian coordinates can be
obtained from Eq. (2.52) with

o* ot o
Vi=| o +2-—5+-= - 2.67
<8x4 + 0x20y? + Oyt (2.67)
Using the separation of variables and assuming a harmonic response yields

wp(z,y,t) = X (2)Y (y)T(t) (2.68)
= Z Z wmnwmn eth- (269)

The treatment of rectangular plate vibration requires more effort than the circular case,
because there are twenty-one possible combinations of free, simply supported, and clamped
edge conditions!20% PP- 2192211 Ty 1nost, cases, eigenfrequencies are determined only approxi-
mately by numerical means such as the Ritz-Rayleigh method or the finite element method.
Leissal217l summarised solutions for all 21 cases. By using the hamiltonian symplectic dual
method, Xing and Liul2!l were able to obtain the exact vibration solutions for rectangular
plates with any combination of clamped and simply supported edges (including all four edges
clamped). This thesis is restricted to plates that are either clamped or simply supported
on all four sides.

Warburton(222l presented the first comprehensive collection of solutions for rectangular
plates. He used the Ritz-Rayleigh method with deflection functions as the product of beam
functions using a separation of variables ¥y (z,y) = X (2)Y5(y), where X, (x) and Y,,(y)
are chosen as the fundamental beam mode shapes with the same boundary conditions.
Thus, the waveforms of vibrating plates and beams are assumed to be similar, so that
they are the product of the characteristic functions for two beams with the same boundary
condition.

The modal solution of a rectangular plate simply supported on all edges with length a and
width b has a sinusoidal mode shape:

"pmn,s(zv y) = Xm,s(x)yn,s(y) = sin <771/71'.’L'> sin (%) (2‘70)
a
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The corresponding eigenfrequencies are[204, p- 215]

)\37[” D
= : 2.71
T oma? \ pphy (271)

with the frequency parameter for a rectangular simply supported plate being

2
Amn = T4 [ m2 +n2 <%> . (2.72)

The modal solution of a rectangular plate with clamped edges on all sides can be written
a[223]
as

'lljmn(zv y) = Xm(I)Yn(y) (2'73)
with

o) = o (222) —om (222) |

_ cosh (Am) = cosh (An) |:sinh <ﬁx> — sin </\m:7c>] (2.74)
a a

sinh (Ay,) — sin (Ap,)

v = o (320) o (30)]

R () - ()] e

cosh (A\g) cos (M) =1 (2.76)

where A\, and A, satisfy

with O as a placeholder for m,n, which can be solved numerically. The first five values
are given in Table 2.2. Approximate solutions of the corresponding eigenfrequencies for

Table 2.2.: First five solutions of Eq. (2.76)
i 1 2 3 4 5
Ai 4.7300 7.8532 10.9956 14.1372 17.2788

clamped plates are given by Warburton, Leissa and Blevins/222:217L1204] The first three
modal solutions of a generic rectangular plate clamped on all edges are plotted in Fig. 2.12.
The mean displacement is close to zero if one mode order is even, e.g., (1,2) or (2,3).
Following Sung and Jan??3l the equivalent transfer impedance of a rectangular plate to
a plane incident wave can be obtained in the following way: Inserting the modal sum of
the plate displacement in Eq. (2.69) into the plate differential equation Eq. (2.47) with the
gradient in Cartesian coordinates in Eq. (2.67) yields

oo oo
D> win Vi € = pphpw® D winthmn € = Ape. (2.77)

m,n=1 m,n=1
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Figure 2.12.: First three vertical and lateral mode shapes of a generic rectangular plate
(a/b=15/26)
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The time dependence can be cancelled out, since the differential equation must be true for
all times ¢. Next, Eq. (2.77) is multiplied by arbitrary mode functions v;; and integrated
over the plate surface to yield

D Z Z Wmn // wijvzlq/)mndA*pph’pw? Z Z Wmn // wij’l/)mn dA =
mon=1i,j=1 A myn=14,j=1 A
> [[ spuaa @)
A

m,n=1

exploiting the fact that the mode amplitudes w,,, are constant over the plate surface.
By choosing the shape functions as defined in Eq. (2.70) as ¥y, = X (2)Ya(y) and
1i; = X;(x)Y}(y) one obtains:

o a b 4 2 2 4
X X 0Y, Y,
D g E Winn |:/ / uYnXin + 2(9 ma—"XY] + 8—"XmXin dx dy
0 0

Oxt 02 oy2 " oyt

m,n=11,j=1

(e o] o0 a b
- pphpw2 Z Z wmn/ / XY XiYjdady =
o Jo

m,n=11,j=1
0 a b
Z/ / ApX;Yidady. (2.79)
0 0

ig=1

The eigenfunctions X, (z), Yy (y), Xi(x), Yj(y) are orthogonal to each other?? in a sense
that for arbitrary chosen indices p, g

0X2 0X2
Jo XpXgdo = [§ GrE Gt dw =0
b b Y2 92 Jfp# g (2.80)
Iy VYo dy = J3 5555 ay =0

Therefore, Eq. (2.79) can be written as:

dz dy

s a b 4 2 2 4
X, ,  _0X2 Y , oY
D>y w’""/o /0 {BITXmYn +25 2 X ByQL Y, + X2, By‘i -

m,n=1

o0 a b
7pphpw2 Z wmn/0 /0 X?,LY,L2 dedy =

mn=1
) ra b
> / / ApX Yo dedy. (2.81)
0

m,n=1 0
Assuming a plane wave excitation, i.e. Ap independent of z,y, Eq. (2.81) can be expressed

as

o0 oo o0
D " w1y + 201314+ IsIg) — pphpw?® > wanlals =Ap Y LIy (2.82)

m,n=1 m,n=1 myn=1
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with the abbreviations I;:

b
I = L= Yy (2.83)
0
b 2
2%y,
I; = / X 2’ x 14:/ Yna—;dy (2.84)
0 )
4Y a
15:/ Ynaa Tty 16:/ X2 dzx (2.85)
Jo Y Jo
a b
I; = / Xpda Iy = / Y, dy. (2.86)
0 0

Eq. (2.82) can be rearranged to determine the modal amplitudes

Aplrlg

- . 2.87
Omn = DIy + 2Ty + Isls) — pphpw? o1 (2.87)

The resonance frequencies wy,, can be determined from Eq. (2.87) when wy,, reaches
infinity in the absence of damping (D € R), i.e., by setting the denominator to zero, which
leads to:

D(L1 Iy + 21314 + 1516
Wmn = \/ ( 12 34 6) (288)

/)phpIQIﬁ

The resonance frequencies obtained from Eq. (2.88) agree closely with eigenfrequencies
obtained with the Ritz-Rayleigh method /2231,

The mean plate velocity can be determined by inserting Eq. (2.87) into Eq. (2.69)

vavg p = A 0 A awp dx dy (289)

p o0 o0

iw

= A / Z Zwmn m(2)Yn(y) dzdy (2.90)

* - m=1n=1

1718)2
= iwAp _ (2.91)
mz_lnz mn 7“)2)1216

and using Eq. (2.88) as a substitution.

Knowing that Z, = AP/oavs.p, see Eq. (2.18), one finally obtains the mean plate impedance
of a clamped rectangular plate excited by a plane wave as

-1

e (IrIs)?
P | 2 2 et | @2s2)

Huang et al.1224l obtained the same plate impedance!” of a clamped rectangular plate,

"Note, that the resulting impedance from Huang et al. Eq. (2.93) has to be multiplied with the plate
area Ap = ab to obtain a specific acoustic impedance (Unit: ‘1}:2‘55)4
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however expressed in a different way:

-1

a b [ 2 2 IN be Y, dzdy
pur = |fwab /O /0 mz::l ; D(I Iy + 2IsIy + IsIg — pphpw?lalg” ™ " dzdy

(2.93)

The complex impedance of a rectangular clamped plate with multiple resonances in the
low-frequency range (E = 16 MPa, p, = 1080kg/m?, v = 0.48, n = 0.1, hp, = 0.3mm, a =
15mm, b = 26 mm) is plotted in Fig. 2.13. The effect of material damping 7 is displayed
by comparing small mechanical damping (n = 0.01, dashed) with moderate material
damping (n = 0.1, solid). The introduction of mechanical damping reduces the peak
strength of the reactance and resistance around the antiresonance region. The maximum
resistance peaks are higher for the material with less mechanical damping, whereas the
overall resistance increases as expected. Therefore, the acoustic response of a material with
sufficient mechanical losses can be expected to be less dominated by small-bandwidth peaks
and more overall damping. The resistance and reactance values for the moderate mechanical
damping are in the same order of magnitude as in the clamped circular case, depicted in
Fig. 2.11. Similar to the clamped circular plate the local minima of the resistance are at
frequencies similar to the minima of the second derivative of the reactance, and the negative
slopes coincide with the local maxima at the resistance. However, the impedance of the
rectangular plate is dominated by one region around 1000 Hz with multiple resonances.
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Figure 2.13.: Impedance of two generic rectangular clamped plates with small (n = 0.01,
dashed) and moderate mechanical damping (7 = 0.1, solid)

In summary, the acoustic response of a flexible plate due to a plane pressure difference can
be described by a plate transfer impedance that considers higher-order plate modes. The plate
transfer impedance was derived in this section for a circular and a rectangular clamped plate.
This assumes a thin plate with no pretension, small deflections, and no interaction with
a nearby sound pressure field, e.g., due to an attached closed cavity. Clamped plates have
higher eigenfrequencies than simply supported plates. The difference is stronger for lower
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plate modes. Only uneven plate modes are expected to vibrate significantly because even
modes have a mean displacement close to zero. The corresponding eigenmode depictions
can help to analyse operating deflection shapes of the flexible wall inside a resonator system.
Mechanical losses inside the plate lead to increased broadband damping.

2.5. Plate-Cavity-Interactions

Acoustic—structure interaction refers to the dynamic interplay between acoustic pressure
fields and flexible structures.'® The extensive research field of plate-cavity-interactions, some-
times referred to as acoustoelasticity, is briefly touched here to better understand and inter-

pret the behaviour of the resonator concept. For an in-depth discussion, the interested reader
is referred to the relevant literaturel102: pp- 63-91, 608-688][225, pp. 95-125][226][153, pp. 114-178][227]

The equations of motion of such a system is usually modelled using the rigid-wall modes of
the cavity and the modes of the walll2281229] Fahy and Gardiniol226: pp- 404-408] jpyegtigated
the fluid structure interaction using a one-dimensional system of a piston coupled to a
waveguide. They showed analytically that for low frequencies or short cavities, kpleay << 1,
the effect of the cavity is that of a stiffening spring!®, which is sometimes called the
Helmbholtz stiffening effect. The fluid’s effect on the piston is stronger for lighter pistons and
shorter cavities. Additionally, they investigated the three-dimensional problem of a flexible
plate in a rectangular cavity using finite element methods (FEM)[Q%* pp- 496-503] ' They found
flexible mode shapes similar to those of the uncoupled case, except at frequencies where the
eigenfrequencies of the flexible plates were similar to the cavities eigenfrequencies, in which
the cavity and plate eigenmodes were perturbed so that the pressure distribution and the
plate modes conformed. Also using FEM, Gorman et al.139 studied the acoustic-structural
coupling of a circular clamped plate backed by a cylindrical cavity and found that strong
coupling exists if the eigenfrequencies of the acoustic and structural subsystems are close
and if the appropriate mode shapes are similar. They conclude that the corresponding
mode shapes are neither acoustic nor structural in this case, and studying only uncoupled
subsystems is insufficient.

A characteristic phenomenon in acoustoelasticity is eigenvalue veering, which involves
energetic exchange between eigenmodes and affects the forced response of the system.
Leissal23! coined the term when investigating the natural frequencies of a rectangular
clamped membrane. Vidoli and Vestronil®*? investigated veering phenomena in a DDOF
and continuous system using perturbation analysis. They found that in an undamped
coupled system, a veering region exists in which the inherent eigenvalues approach but
never cross and then diverge. A sketch of the behaviour is presented in Fig. 2.14. The
eigenvalues remained unchanged outside this veering region compared with the isolated case.
However, in this veering region, they found a smooth transition between the eigenvector
components, with no ‘pure’ eigenvectors. The separation between the two system frequency
curves at their closest point of approach indicates the coupling strength. A similar effect
was found by Fahy and Schofield?33] who theoretically investigated the coupling of a
Helmholtz resonator attached to a closed cavity. They noted that when the eigenmode
of the uncoupled resonator is tuned to the natural frequency of an isolated room mode,

18Rayleigh!*5% P 151 investigated the effect of fluid loading of an infinite space, thus, without a cavity,

on a circular piston, which lead to the derivation of the end correction ¢ in Eq. (2.34).
19Similar to the mechanical model of a Helmholtz resonator Eq. (2.22)
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two coupled modes are excited with eigenfrequencies on either side of the initial common
frequency. This is also sometimes described as frequency splitting, i.e., when an acoustic
mode approaches a structural resonance, the coupled system undergoes two distinct modes,
with one frequency lower than that of the original structural or acoustic mode and the
other frequency higher. Hambric explained these phenomena with mass-controlled and
stiffness-controlled boundaries*53 P- 124 Similar diverging resonance patterns can be found
in a plate resonator(234235] which is a cavity connected to a duct with a flexible plate.

<N

Control parameter

AN
7
Control parameter
Figure 2.14.: Schematic eigenvalue veering. The system’s coupled eigenfrequencies w, ,

and we, , differ from the individual uncoupled eigenfrequencies wy and wy in
the intersection region.

Dayvisl236] investigated the coupling of several flexible structures and acoustic enclosures

with non-dimensional quantities. He defined a coupling factor to express the coupling
strength between two component modes

2 -1
Wi — Wk 1
1+ <72 ) /Bjk:| , (2.94)

which depends on the separation of the component mode frequencies w; — wy. 7;; varies
between zero and one with high values indicating high interactions. B is a coupling

Njk =

parameter that determines the extension of the mode interaction and depends on the
physical and geometrical properties of the subsystems. For a simply supported plate as one
side of a rectangular enclosure he gives

2
PoC
Pp h Ip lcav

Bjk = (2.95)
with W;; denoting the natural propensity of a structural mode to couple with a given
acoustic mode, which can be expressed analytically for a simply supported plate, but not
for a clamped platel230].

Since Bj o< 1/(hp, lcav), stronger coupling is expected for thin plates and shallow cavities.
Note that both the structural eigenfrequency in Eq. (2.71), as well as the coupling factor
Eq. (2.95) depend on the plate thickness hp. Consequently, a thinner plate inhibits lower
eigenfrequencies and stronger coupling between the plate and the surrounding fluid when the
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corresponding eigenfrequencies coincide. A similar effect can be found for the cavity depth
lcay, which affects both the coupling strength in Eq. (2.95) and the cavity or Helmholtz
resonance Eq. (2.27), respectively.

Briefly summarised, strong coupling between structures and cavities is expected when

o structural and cavity eigenfrequencies are similar,
e with thinner plates,
e or shallow cavities.

In this case, the individual resonances approach each other but do not intersect in a so-called
veering region. When both isolated eigenfrequencies agree, one frequency shifts to higher
frequencies, whereas the other shifts to lower frequencies. In contrast, the coupled system
is expected to behave similarly to a simple sum of the subsystems far from these veering
regions.

2.6. Literature review of Helmholtz resonators with flexible
elements

The classic Helmholtz resonator model only considers rigid cavity walls. However, compliant
walls have been found to alter the Helmholtz resonance. Photiadis?37 investigated the
effect of a compliant wall and found that the resonance frequency is lowered due to a
reduced stiffness. Zaikin and Rudenko[?38! analytically studied a Helmholtz resonator with
a movable wall, which they modelled as a rigid piston, and found an additional resonance as
well as a lowered Helmholtz resonance. The latter was also found by Griffiths et al.2¥ who
drilled holes in poro-granular shells to form an elastic Helmholtz resonator to enhance the
low-frequency absorption of a porous material. Pishvar and Harnel?49 identified that the
coupling between the Helmholtz resonator and the compliant wall was strongly affected by
the wall thickness and material. Cui and Harnel211242] found that compliant walls strongly
affect the overall resonance behaviour towards broadband damping due to a coupling among
the wall deflection, inner pressure field, and air motion in the opening.

Another type of flexible Helmholtz resonator does not involve structural vibration but
seeks adaptivity by changing either the orifice using an iris, ‘accordion’ structurel243!, or
an origami folding structure to change the cavity size244:245] This tunability can also be
achieved using a pressurised stiff membranel?46l. In a different context, Helmholtz resonators
can be combined with plates to attenuate structure-borne sound or sound transmission as
Plate-Acoustic-Metamaterials or Membrane-Acoustic-Metamaterials[247):248],(249],[250],[251] |

There exist four types of basic vibration systems: strings, bars, membranes, and plates.
Whereas strings and bars are one-dimensional, membranes and plates are their two-
dimensional counterparts. Strings and membranes require tension to restore force, whereas
bars and plates have flexural rigidity. However, a string cannot effectively radiate sound
or be excited by an incoming sound wave due to the small radiation area.?’ Therefore, to
the best of the author’s knowledge, Helmholtz resonators are not combined with strings in

20That is why strings in string instruments are usually attached to a plate, e.g., the top-plate of a violin
through a bridge or the soundboard of a piano to transmit the acoustic energy to the latter rather than
radiate themselves.
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damping systems. However, the other three basic vibrational elements can be combined
with a Helmholtz resonator for additional structural resonances. This section provides a
brief overview of Helmholtz resonators coupled with these flexible elements.

Helmholtz resonators coupled with bars

Bars can be coupled to Helmholtz resonators in energy harvesters. In this case, the
Helmholtz resonator enhances the beam vibration, converting the kinetic energy into
electrical power[252]. New manufacturing techniques, such as laser micro-cutting, can be
used to cut micro-slits into a face sheet to form a cantilever beam that is fixed on one side
and able to move freely on the other three sides/25311254] The acoustic effect is a combination
of the airflow in the micro-slits and the beam vibration. This can be modelled as a Helmholtz
resonator coupled to a beam. The thinner the slits, the stronger the coupling effect!2%9],
Hoppen et al.[2%] showed that the beam adds a damping peak to the system, which can be
modelled with Newton’s second law of motion and finite element methods. They observed
strong coupling when the beam’s eigenfrequencies coincide with the Helmholtz resonance
frequency. If the uncoupled system has the same resonance frequencies, the coupled system
exhibits two distinct resonance frequencies that are close but shifted towards lower and
higher frequencies. The coupling strength was also found to be stronger for a large area
and small values of the cantilever mass and cavity volume. The coupling is weak when the
uncoupled resonance frequencies are far apart. Their simplified analytical model was only
valid in the weak coupling regime.

Helmholtz resonators coupled with membranes

Membranes can be combined with a Helmholtz resonator by swapping the rigid back wall
with a flexible membrane. Hu et al.2%7h[258] considered two analytical lumped element
modelling approaches to describe the MDOF system. First, by treating the membrane as
an equivalent piston and second as a concentrated mass with both approaches comparing
favourably to finite element simulations. Zhang et al.?’ used this model in a piping
system with multiple resonators as bandfilters for sound attenuation. They also investigated
the sound scattered by the membrane at the back using finite element analysis. Park et
al.26% modelled the system as a lumped element system with a modal description of the
membrane similar to a kettledrum with an air-vent. They experienced some difficulties in
validation with the vibrometers because the membrane tension rapidly deviated from the
initial value. Domingo-Roca et al.[?8!] investigated an additively manufactured system of
multiple Helmholtz resonators with a membrane as the backplate. They compared their
modelling based on Hu’s work to finite element simulations and experimental results with
good agreement. They considered different membrane tensions, which were experimentally
determined by fitting the tension to the eigenfrequency determined using a scanning laser
vibrometer. Unconventionally, Chen and Parkl262l determined the mechanical properties of
human skin with a Helmholtz resonator and an elastic membrane by comparing it to the
effect of an elastic foundation on a membrane.

The membrane can also be used to subdivide the cavity. Zhu et al.[283] showed that a second
resonant peak can be obtained by inserting a membrane with a small rigid mass in the
middle. The additional mass alters the vibrational modes and enables high displacements,
which is often used in membrane acoustic metamaterials?®4l. To make it even more

50



sophisticated, this platelet may be implemented as a ring with an air-hole in the middle,
forming a Helmholtz resonator with a perforated-membrane-face sheet[2651[266L[267] = Ay
overview of these and other types of metamaterials can be found in Ma and Sheng!!49l.
Svetgoffl268] investigated different membrane configurations inside resonators. He found a
strong influence on the position of the membrane inside the resonator and obtained multiple
resonances by subdividing the membrane. The stiffness of electroactive polymers changes
when a high voltage (kV) is applied. This can be used to adapt the resonant frequency
of a membrane, which can be combined with a Helmholtz resonator to form an adaptive
liner(269L2701.1271] - Ap additional damping mechanism is introduced when the rigid backplate
is changed to a compliant backplate with a piezoelectric transducer. The proposed system
can then be used as an acoustic energy harvester/272H273],[274]

Researchers have also investigated the effect of membranes as flexible sidewalls to couple
different Helmholtz resonators. This approach was pioneered by Griffin et al.l?™!, who
demonstrated that coupling between two resonators can lead to additional transmission loss
peaks. They concluded that the membrane provided coupling and alteration of the resonator
cavity volume. They developed a mechanical system with lumped elements to predict the
transmission loss by modelling the membrane as a piston vibrating only in its first mode.
Zhao et al.276L277 extended the concept by modelling a similar parallel-coupled system
using Green’s functions and included higher membrane modes in the process. They found
that the additional transmission loss peaks were distinct from the uncoupled resonances
and were strongly linked to the membrane stiffness. However, the presence of a grazing flow
seemed to negate coupling benefits. Mi and Yul2™l combined two Helmholtz resonators, a
circular membrane and a U-shaped duct acting as a Herschel-Quincke tube, to create a
sophisticated MDOF resonator. The tensioned membrane was implemented as a flexible
backplate for two Helmholtz resonators attached to the same waveguide. They proposed an
analytic model based on travelling plane waves and a modal expansion approach of the
membrane and compared their transmission loss with that of finite element simulations.
Apart from the subsystem resonances (Helmholtz resonance, membrane resonance and
Herschel-Quincke resonance), they found an additional low-frequency transmission loss
peak, which they attributed to the structural-acoustic coupling. Liu et al.2™l coupled
Helmbholtz resonators with a piezoelectric composite sheet to construct an acoustic energy
harvester. The diaphragm was excited by the phase difference between adjacent Helmholtz
resonators with different resonance frequencies.

The performance of resonator systems with membranes is highly sensitive to the tension
applied to the membrane. Unfortunately, it is difficult to control and maintain tension
over a long period of time; for example, tension could change as time passes or due to
temperature or humidity changes. The requirement for accurate and uniform tension also
adds complexity to the fabrication process[%‘l]‘ To overcome these drawbacks, plates can
be used instead of membranes.

Helmholtz resonators coupled with plates

Additional damping can be obtained by swapping the rigid backplate with a flexible plate,
similar to the membrane case. Horowitz et al.280L281 tried to adjust the Helmholtz
resonance frequency by substituting a rigid back wall with a piezoelectric composite
diaphragm coupled to a passive electrical shunt network. The lumped plate impedance was
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modelled based on the static deflection of a clamped plate with radius R

ZpH = Req +iwMeq + ﬁ (2.96)
with Ceq, Meq, Req denoting the equivalent compliance, mass, and resistance and x an
empirically determined constant to account for mechanical losses inside the plate and at
non-rigid boundaries. Higher order plate modes are neglected. The mass ratio between the
mass of the air in the perforated face sheet and the plate was found to be a good indicator
of the coupling strength. The additional resonance can be tuned by adjusting the electrical
shunt network connected to the flexible plate. Kim et al.27¥l used a similar Helmholtz
resonator with an electric backplate as an energy harvester. They expressed the equivalent
mechanical mass and stiffness of the rectangular plate with length a, width b, thickness
hp, and density pp as Meq = 0.25p, Ak, and Ceq = 4;‘;2?, where D denotes the flexural
rigidity and X the frequency parameter as introduced in Eq. (2.71). Li et all?32l investigated
a similar model with finite element simulations. A Helmholtz resonator with a flexible
endplate without electric components was investigated by Nudehi et al.[207):(283],284],[285]

The plate was modelled with an acoustic receptance H that relates a pressure change with
the plate’s displaced volume as

o0
Kn
H= E —_— 2.
(1+in)w2 — w? (2.97)

n=1

with k, denoting not disclosed constant coefficients obtained from plate geometry and
material properties and w,, the eigenfrequency for each mode n. They accounted for high
sound pressure levels by a cubic nonlinearity in the plate model and a hardening-spring
characteristic in the fundamental mode. They later optimised the system for small cavities or
high transmission losses with an inhomogencous plate thickness. Oblak et al.286 developed
a fully coupled analytical model of a Helmholtz resonator with a flexible backplate in a
heavy fluid, including evanescent waves and thick plates. They validated their model using
finite element simulations.

The perforated face sheet itself can vibrate if the sound excitation is sufficiently high and the
perforated plate is sufficiently flexible, e.g. very thin. In this case, the perforated face sheet is
the flexible part of the Helmholtz resonator. This can lead to additional structural damping
but also to decreased overall absorption because the relative velocity of the air inside the
holes is decreased, which leads to less wall friction/28711288112891 Iy conventional liners, the
honeycomb structure underneath limits the vibrating plate size and usually suppresses plate
vibrations.2! Lee et al.2% neglected the effect of the porosity and modelled a flexible micro-
perforated panel based on the modal analysis solution of the classical plate equation coupled
with the acoustic wave equation in the cavity. They theoretically and experimentally showed
that the flexibility adds a resonance (and antiresonance) to the system, which can be tuned
using appropriate material and geometry parameters. For example, flexible resonances that
added absorption around 700 Hz were observed for a micro perforated plate with a density
of 1000kg/m? (e.g. rubber) of dimensions 10cm x 10cm x 3mm. The acoustic behaviour
of the combined movement of the air and the plate can be modelled as a parallel connection
between the impedance of the plate and the holes291. A special case of a flexible face sheet
was presented by Hossain et al.2%2] who investigated a plate-valve resonator where the air

2The first resonance of a simply supported aluminium plate with dimensions 5 mm x 5mm x 0.1 mm is
approximately 20 kHz; calculated using Eq. (2.71).
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channel size of the perforation was affected by plate vibrations. Additional resonators can
be attached to alter the flexible perforated plate structural behaviour(293,

Flexible plates have also been investigated as a mean of coupling multiple resonator
chambers. Knobloch et al.[2941295112961.1297] replaced the rigid side walls of a liner segment
with flexible walls to couple cavities and subsequently enable broadband damping. They
found that coupling similar Helmholtz resonators does not excite the flexible wall due to a
lack of pressure difference. Therefore, in their studies, active cells with a connection to the
duct were coupled with inactive cells by flexible walls. They proved that the concept of
integrating flexible walls is beneficial for low-frequency broadband damping both with and
without grazing flow. Liu et al.l2%l investigated two distinct Helmholtz resonators coupled
through a flexible sidewall. They modelled the system using an electromechanical analogy
of a Y-type circuit. The impedance of a rectangular clamped plate is calculated using mode
superposition theory:

b 2
2| f i (S5 J§ XmYr dad2)

; T e , (2.98)
m=1n=1 pphpab(wmn - w) fO fO XmYn dzdz

which is based on the same derivation as Eq. (2.92).

The flexible plate can be integrated into a Helmholtz resonator to subdivide the cavity.
Zhao and Fan?%! placed a flexible plate distanced behind a microperforated plate to obtain
low-frequency-damping. The acoustical properties of the plates were not modelled but
were entirely educed from vibrometer measurements. Sanada and Tanakal3%! constructed
a DDOF resonator comprising a perforated plate and two cavities coupled via a clamped
circular plate. They modelled the system by combining lumped elements of the air in
the perforated plate, cavities, and the equivalent impedance of the flexible panel. The
impedance of the panel was derived from a modal approach and space averaging of the
plate velocity, but it was restricted to the first radial plate mode as

NI |
Zp= B ECQ‘“ + iwMeq,1 | with (2.99)
Ry 2
B=|2n P(r)yrdr | (2.100)
0
R 4
Ceq1 = D271 ’ 87’(/;5:1) P(r)rdr, (2.101)
0
Ry,
Meg1 = pphp2r | @?(r)rdr. (2.102)
0

1 denotes the plate eigenfunctions, see Eq. (2.55); D the flexural rigidity, see Eq. (2.48);
and hy, the plate thickness. The resonator’s fundamental characteristics were investigated
using dimensionless parameters. To achieve broadband attenuation, they suggested a
lightweight panel with a loss factor as high as possible and a perforated plate with high
porosity. However, they did not model the resistance of the resonator in the perforated front
plate or in the cavity but determined the resistance experimentally. A similar plate model
impedance was used by Kohlenberg et al.203] Mizukoshi and Takahashil%! calculated the
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plate impedance as a parallel circuit of radial orthogonal modal impedances as

o0
Zy' =" 7, with (2.103)
m=1
L 1
Zpm = PfvAy = iwppiiy, + Eppnmwfn, (2.104)
T = ST 004D (ff (r)dA)? (2.105)

and checked their results with numerical simulations and experimental data, although
no direct comparison between the methods were made. Zhou and YuP%?! investigated a
Helmholtz resonator with a flexible intermediate plate with variable thickness to enhance
broadband damping using the Wentzel-Kramer-Brillouin method. Liu et al.3%! used two
flexible plates inside a Helmholtz resonator — one as a subdividing wall and the other as a
flexible backplate. Their modelling was based on a Lagrange formulation of the potential
and kinetic energy of the coupled system. This resonator cell was then integrated into
a resonator system with multiple resonators to obtain a transmission loss of more than
350dB. Unfortunately, these values were not verified with experimental data in their study.

In summary, there is a large scientific interest in combining Helmholtz resonators with
flexible elements to obtain low-frequency and broadband damping. Helmholtz resonators
can be combined with bars, membranes, and plates to change the face sheet, subdivide the
cavity, alter the backplate, or couple different resonators. These mechanical elements have
been found to add resonances and change the Helmholtz resonance frequency. They are
usually modelled using finite element methods, or electroacoustic analogies with an equivalent
mechanical mass and stiffness of the flexible element. These models are often restricted to
one dominant structural mode or rely on empirical coefficients. Systems with membranes
can be tuned easily by altering the membrane tension. However, a drawback is that special
care must be taken to ensure that this tension can withstand time and changes in ambient
conditions. Plates are more robust in this sense because their elasticity stems from their
flexural rigidity. Most research on these novel damping systems has been conducted in a
normal-incidence case without considering grazing flow. This has limited many concepts to
be put into practice as liners so far.

This thesis aims to bridge that gap by presenting an analytical model that considers all
relevant effects based on a combination of published models including higher order plate
modes. The literature review suggests that finite element simulations are suitable for this
problem; therefore, the concept is also investigated numerically. In agreement with many
presented studies, the liner concept is tested in a normal incidence tube to investigate the
basic principles. Additionally, its practical acoustic damping potential is measured in a
grazing incidence test rig with grazing flow and high sound pressure levels.
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3. Analytical Model

This chapter presents an impedance model of a Helmholtz resonator with a flexible wall
(FXW). Analytical models have the benefit of explicitly showing dependencies between
parameters and the model behaviour and they are usually faster than numerical models
without the need for any proprietary software. The proposed impedance model of a
Helmholtz resonator with a flexible wall is based on the theory presented in Chapter 2 and
consists of two parts:

Crxw = (gs(face sheet, pi,, Mr) + Ceav(main cavity, plate, back cavity) (3.1)

The face sheet impedance (g is modelled by an equivalent fluid model, which is extended
to nonlinear behaviour, as introduced in Section 2.3. The cavity impedance (cay including
the flexible plate is determined by waveguide theory, which connects the different elements,
assuming plane wave propagation inside the resonator. Viscothermal losses near the cavity
walls are included by approximations introduced in Section 2.3.6. The impedance of the
flexible plate Z, is modelled as an equivalent impedance that considers higher-order plate
modes, which was introduced in Section 2.4.

Equation (3.1) assumes that the face sheet and the cavity and flexible plate behave
independently. This is reasonable when the flexible plate is far away from the perforate,
where any detached vortex due to high sound pressure or grazing flow has decayed. The
model does not consider large displacements or pretension during manufacturing or due to
static pressure differences between the main and the back cavity due to grazing flow. A
schematic resonator with a flexible intermediate wall is depicted in Fig. 3.1.

i :127'}1 Viscothermal layer B Tl;(:l;;ldi»
. 2T cavs Ux.ce
.: 2Rp7 lxy’p cavy 'x,cav
L o
Main cavity Back cavity
y i |
hfs lcavl 2lph lcavz 0

Figure 3.1.: Sketch of a circular Helmholtz resonator with a flexible plate inside a plate
holder and a second cavity
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3.1. Face sheet impedance

The face sheet is modelled based on the equivalent fluid approach, as introduced in Eq. (2.32)
and Eq. (2.33). Laly et al. extended the model of Atalla and Sgard to include the effects of
high sound pressure amplitudes!®®]. Kubo et al.l187] recently compared different nonlinear
impedance models, where the extended equivalent fluid model from Laly et al. was found
to be in close agreement with the experimental results under high sound pressure levels.
Burgmayer!58l extended the model to incorporate the effect of grazing flow using the
empirical end correction of Guess!'®l. The face sheet impedance is expressed as

_ ol pe
g po

Cfs (32)

The factor % transforms the impedance of one hole into the impedance of the entire face
sheet, as discussed in Section 2.3. All viscothermal and nonlinear effects are captured in
the effective density pe, which for circular holes can be expressed as

- ooy idpowpaZ,
= 14 3.3
Pe = Qo0 WAoo U%frﬁ (3:3)

Following Burgmayer[lsg' pp- 102-105] " the normalised fluid resistance oy including high sound
pressure and grazing flow effects can be expressed as:

. L iLC};J if ugs =0  (i.e. no grazing flow)
W pocl—o B
o= 2 T <hg%c|2v“l + /‘igf]\/{gf) if |o| > 2uy (i.e. transition regime)
N Vs d
Kt Mgt if |vf]| < 2u, (i.e. grazing flow dominates)
(3.4)

In Eq. (3.4) a distinction between different flow regimes is made, as explained in Section 2.3.5.
High sound pressure levels only lead to an impedance change if the root-mean-square acoustic
velocity in the holes vj, exceeds twice the skin friction velocity u, due to a grazing low. For
|u£}| < 2u,, both the presence of the grazing flow and high sound pressure level add to the
face sheet resistance. For |Ul,1| > 2u, the overflow dominates the resistance and the periodic
flow is almost ineffective[l58: pp- 102-105]

57”12 in Eq. (3.4) stems from the resistance of small holes at low frequencies, see Eq. (2.29).
The second term represents nonlinear effects of high sound pressure levels and is similar
to Eq. (2.41). kspr = 1.6 is an empirical constant from Laly et al.[180 for high sound
pressure level effects. kgt = 0.3 is an empirical constant for grazing flow effects from Rice
et al.l'83] The discharge coefficient is assumed to be Cy = 0.76 as proposed by Motsinger
and Kraft[6% p- 180 o denotes the effective tortuosity that is expressed as the effective
length of the orifice’s fluid volume, normalised by the perforate thickness as

5
o = 1+ 244, (3.5)
hfs

The reactive end correction is expressed as

8
Oadd = 2*6*3 ThFock¥nl- (3.6)
T
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K = 4/3 is an empirical constant from Maa and Laly et. all145L[180]  The factor %rh accounts
for the reactive part of the radiation impedance and is based on Eq. (2.34). The hole and
wall interactions are accounted for by ¥pock, see Eq. (2.37). )y decreases the correction
length with increasing particle velocity in the orifice due to high sound pressure levels and

grazing flow and can be expressed as/145]:[180]

1 1

14 \Z{ﬂ 1 +305M§f'

wnl = (37)

The presented face sheet model incorporates viscothermal effects in the face sheet holes as
well as resistance and reactance changes due to high sound pressure levels and grazing flow.
The individual contributors are similar to existing models from the literature, introduced
in Section 2.3. Care has been taken to choose established empirical constants from the
literature to ensure a general applicability.

3.2. Cavity impedance including the flexible wall

The proposed model of the cavity impedance is an adaptation and extension of the impedance
model of a Helmholtz resonator with a flexible wall developed by Kohlenberg et al.[203],
The inclusion of viscothermal effects at the cavity walls is based on the wide-tube solution
presented in Section 2.1.2.

The following workflow is used to calculate the impedance of the cavity, including the
flexible plate: The starting point is the rear wall of the cavity (y = 0) where the wall is
sound-hard and the wall admittance is zero. Hence, the normal incidence impedance only
consists of the thermal boundary layer (marked with blue lines in Fig. 3.1)

VPr

Cbl,th = (1 - l)mv

(3.8)
where v is the heat capacity ratio, 6, = y/2v/w is the thickness of the acoustic boundary
layer, Pr is the Prandtl number and v the kinematic viscosity['%l. Note that the effect
of the viscous boundary layer at the back wall can be neglected because the wall-parallel
component of the particle velocity, which would have to be decelerated by the friction
effects, vanishes in front of the hard rear wall of the cavity[106: pp- 181-185]

The lateral boundary layers in the cavity also modify the normalised wave impedance of the

cavity sound field, which is defined as the ratio between acoustic pressure and wall-parallel
particle velocity, divided by poc and averaged over the cavity’s cross section[106]

1
[ ea (1 1) Usay
Weav = |: %o (1 D) Acav5V>:| . (39)

This impedance is transformed spatially inside the cavity. This step considers the one

dimensional wave propagation in y-direction in the cavity and the effect of the lateral
viscous and thermal boundary layers (marked with red lines in Fig. 3.1). The presence of
the viscothermal boundary layers leads to a modified wavenumber for the almost plane
waves travelling back and forth in the cavity. The corresponding wavenumber for wide
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tubes, see Eq. (2.13), is adapted to the resonator cavity as

1-1i ’7_1 U(‘,a,v
1+ 1+ J,
4 < \/PT’) Acav Y

where Ac,y is the cross sectional area of the cavity and Ueay is the corresponding perimeter.

Eeay = ko (3.10)

With the wave number Eq. (3.10) and the wave impedance in the cavity Eq. (3.9), the
impedance at the plate holder y = lcay, is

1 4 1y o 2ikcavleavy

G = wcavil e o (3.11)
where the reflection factor of the rigid back wall with a thermal boundary layer is
_ Cbl,th — Weav (312)

1= .
Cbl,th + Weay

At the position of the plate holder y = lcay,, the thermal boundary layer impedance of the
back side plate holder and the impedance of the back cavity are connected in parallel since
the pressure is constant for both impedances and the acoustic volume flows add up/293l.

This leads to
1 1 A
2= |—+ 1- P )
< |:<1 Cblth < Acav

where A, denotes the plate area, which is ab in the rectangular and TI'RIZ) for the circular
case. The impedance is transformed to the flexible plate as
Ap

ACB,V ’

—1
: (3.13)

(3= (3.14)
in which the factor A, /Acay ensures the continuity of the acoustic flux. The influence of the
viscothermal boundary layer of the right half of the plate holder, see Fig. 3.1, is accounted
for by
1 —ikpnlph > —
trae with 7y = 7@ wph.
C3 + wph

The wavenumber kpy and the wave impedance wpy, of the wave propagation within the
opening of the plate holder (seen as a one dimensional waveguide) can be adopted from
Eq. (3.10) and Eq. (3.9) but with Upn/Aph = 2/R;, instead of Ucay/Acav for a circular
plate. For a rectangular plate Uph/Apn = 2(e+l)/i51,. The model can incorporate either
the impedance of a clamped circular plate using Eq. (2.66) or a clamped rectangular plate
using Eq. (2.92). The flexible plate is connected in series and therefore it yields:

j— |4
<4 = Wph 1—1g e*ikphlph (31‘))

Z
=G+ (3.16)
poc
The influence of the viscothermal boundary layer of the left half of the plate holder (see
Fig. 3.1) is accounted for by

1+7rs e~ kpnlph R (s — Wph
=Wph 75— with r3 = >——"—.
1 — r3 e phlph (5 + wpn

Go (3.17)
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The effects of the cross section jump back and the thermal boundary layer of the plate
holder towards the perforated plate are described by

-1
1 1 A
= |+ 1- =2 ) . 3.18
@ G Chltn ( Acav (3.18)

Next, the reflection factor at this position is calculated as

_ CG — Weav

T4 =
(6 + Weay

(3.19)
and a spatial transformation along the main cavity is used to the backside of the perforated
plate to finally obtain the cavity impedance

1 + T4 C_zikcavlca\']

Ty oo (3.20)

Ceav = Weay
The cavity impedance is then combined with the face sheet impedance in Eq. (3.1). The

impedance must be determined iteratively for each frequency because of the nonlinear
face sheet contribution, as the particle velocity is a function of the surface impedance

|vh| = 7/lcepl-

The corresponding workflow for determining the overall impedance of a Helmholtz resonator
with a flexible wall (rpxw is sketched in Fig. 3.2.

WGT BL

cc
|Cbl.th |4>| G |4’| G2 |

% |

WGT CC,BL WGT
4’| CG | | C? | | Ccav |

until v(Crxw) ~ v(pl,)

Figure 3.2.: Workflow to determine the overall impedance. ‘WGT’ refers to wave guide
transformation; ‘BL’ refers to inclusion of the thermal boundary layer, ‘CC’
refers to a cross section change
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4. Experimental Setup

In this chapter, the experimental setups to investigate the Helmholtz resonator with a
flexible wall are presented. The resonator system is investigated in three test rigs of the
German Aerospace Center (DLR) in Berlin. First, a normal incidence setup is used to
measure the normal incidence absorption and impedance over a broad frequency range
(D-NIT)!. A second normal incidence tube with a vibrometer pointing from the back at the
flexible wall is used to link the overall acoustic performance with the plate motion (DUCT-
NIT)2. Finally, a grazing incidence setup is used to assess the acoustic performance in a
more realistic setting under high sound pressure levels and with grazing flow (DUCT-R)3.
D-NIT was constructed during this thesis work after the measurements at DUCT-NIT for
better measurement precision and to extend the frequency range.

4.1. Normal incidence tube (D-NIT)

Fig. 4.1 displays the normal incidence tube D-NIT of the Department of Engine Acoustics
as part of the German Aerospace Center, constructed for and used in this work. D-NIT
consists of a loudspeaker (BMS-4599-ND) attached to one duct end, a measurement section
with flush mounted microphones (G.R.A.S 46BD-FV 1/4") and a sample opposite the
loudspeaker.

Speaker Microphones  Sample
N

| 0 A H R

Channel

(a) Schematic view (b) Photograph

Figure 4.1.: Normal incidence tube setup to investigate Helmholtz resonators with flexible
walls at D-NIT

The square cross section of 35 mm x 35 mm was chosen to match the cross section of the
modular resonator system to determine the acoustic properties of a Helmholtz resonator

'DLR-AT-TRA — Normal Incidence Tube
2DUct aCoustic Test rig — Normal Incidence Tube configuration
3DUct aCoustic Test rig — Rectangular cross section
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with a flexible wall, which is introduced later in Section 4.4. The main channel has a
length of 400 mm. The tube walls are made of four 10 mm thick aluminium plates that are
screwed together. During manufacturing, grease has been applied at the connecting surfaces
to reduce sound leakage. The wall thickness was chosen to reduce unwanted structural
vibrations. For the same reason, the loudspeaker is decoupled from the main structure by a
rubber band. The connecting adaptors between the main tube, loudspeaker, and sample
were sealed with o-ring seals to reduce airborne sound leakage.

The measurement range of the normal incidence tube setup is restricted to plane waves.

The cut-on frequency of the first higher order mode f. of a rectangular tube is determined
by[304]
c

fe= (4'1>

S

max(ly,l,)
with ¢ denoting the speed of sound and I, and [, the width and height of the channel,
respectively. This yields a value of f. = 4900 Hz at ambient conditions for D-NIT. The
lower end of the usable frequency range is bounded by the loudspeaker’s excitation range
at 200 Hz.

The loudspeaker of type BMS4599 allows for the excitation of high sound pressure amplitudes
with relatively low distortion. The input signal is generated by an Agilent 33220 signal
generator and amplified by a Dynacord L300 amplifier.

The acoustic properties of perforations and, consequently, Helmholtz resonators are known
to be dependent on the incoming sound pressure level, see Section 2.3.4. Therefore, two
types of excitation signals are used. A single sine tone with a stationary amplitude is
used whenever it is important to know the sound pressure level at the sample, i.e., at high
sound pressure levels when nonlinear effects are expected. The sound pressure level of the
incoming wave is determined a posteriori and was set to the same value for all frequencies
to either 90-110dB (£1dB) or 130dB (£3dB). For low sound pressure levels in the linear
regime, a sine sweep is used, which greatly reduces measurement time. The sweep and
measurement time, as well as the amplitude are chosen to yield the same results as the
single sine tones at low sound pressure levels.

The measurements are automated using Labview. The ambient pressure is measured by
a Comet T7510 sensor, and the ambient temperature is measured using a PT-100 sensor
in a four wire configuration with Agilent 34972A. The values are automatically logged
during the measurements. The input signals generated by the signal generator to excite the
loudspeaker are recorded using an OROS OR36 data acquisition system and the associated
NVGate software.

The microphones are suitable for measuring sound fields up to sound pressure levels of
170 dB. All microphones were calibrated in a two-step process before each measurement
campaign. First, all microphones were calibrated using a calibrated pistonphone of type
BK4228 with a reference signal at 251 Hz with an amplitude of 124 dB to determine the
sensitivity of the signal chain, which may change over time and under different ambient
conditions. This ensures that all microphones measure the same sound pressure amplitude.
Afterwards, all microphones were positioned in a ring at 220 mm, sufficiently far away from
any near fields due to impedance changes by either the loudspeaker or a possible sample.
These near fields are sufficiently attenuated at a distance of thrice the duct side length

04]
b

with respect to the loudspeaker or twice with respect to the sample?® ie. 115mm or
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70 mm, respectively for D-NIT. In this configuration, all microphones measure the same
plane wave simultaneously at the same axial position. This configuration ensures that all
microphones measure the same phase over the entire frequency range. Correction factors
were calculated from the differences in the magnitude and phase of the measured sound
pressure of the other microphones compared to one arbitrary chosen reference microphone.
These correction factors were included in the measurement evaluation.

The normal incidence tube enables the determination of the sample impedance and normal
incidence absorption by plane wave decomposition, which is briefly introduced in the
following. A more detailed description of the calibration procedure and analysis of the
decomposition method can be found in Lahiril161, pp- 139-159]

4.1.1. Plane wave decomposition

Using m wall flush mounted microphones, each placed at the discrete axial position z;,,
respectively, the sound field p’(z,t) in a duct can be discretised by

P (x,t) = pte ko 4 p= etikon n=1,....meN. (4.2)

pT and p~ denote the amplitude of the forward and backward travelling plane sound waves,
respectively. A sketch of the plane wave decomposition is depicted in Fig. 4.2.

(1) ... pllom)
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Figure 4.2.: Schematic view of the plane wave decomposition using the multi-microphone
method

Each microphone detects the sound waves at a different spatial point and time as p/(xy).
This system of linear equations for determining the unknown amplitudes of the incoming
and outgoing plane sound waves can be written in matrix form as:

efikzl eik:arl . p/(l'l)
: : p .
: S N A I R (4.3)
e—ikmg eikzg |:p :| /(,
——— V4 -L'm)
T
A b

By using just m = 2 independent microphones with measured sound pressure level p/(zy,, t),
the system matrix A is invertible and thus has one unique solution for p* and p~, known as
the two-microphone method34. Problems arise when the spacing between two microphones
is equal to n% with A denoting the acoustic wavelength of the incoming sound wave and
n € N. For these wavelengths, both microphones show the same spatial information at
all times; hence, they are linearly dependent. In this case A becomes singular with no
unique solution for the frequencies corresponding to these wavelengths. This problem
may be overcome by using more than m = 2 microphones, in literature referred to as the
multi—m'1cr0phone—method[?’o‘r’]7 which is used in this work.
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Given that at least three microphones are linearly independent, Eq. (4.3) becomes overdeter-
mined and has infinitely many solutions. In other words, there is no unique solution of the
system of equations that satisfies all measurement points. In this case, the system matrix
A is not invertible, but an optimal solution regarding the Euclidean norm can be found
using the Moore-Penrose inverse: ¥ AT = b with AT = (AT A)~1 . AT. The viscothermal
losses inside the duct walls are considered by a complex wavenumber k as proposed by
Dokumaci!™4 see Section 2.1.2.

For D-NIT, a multi-microphone method with three microphones flush mounted in the
measurement section is employed to decompose the sound field in acoustic waves impinging
on and reflected by the liner sample. The sampling frequency is set to 16 384 Hz, which
according to the Nyquist—Shannon sampling theorem allows measurements up to 8192 Hz
without aliasing. The Welch method% is used to transform the measured time signals
into the frequency domain. The microphone signals are split into segments with an overlap
of 50 % and a weighting with the Hann window function of each segment to reduce leakage
during the Fourier transformation of non-periodic signalslwl* pp- 140-144]  The microphones
are attached at a distance of 1 = 110 mm, x5 = 145mm and x5 = 220 mm to the sample,
where the near field of the loudspeakers and sample have sufficiently vanished®4. A fourth
transducer of the same type is installed close to the sample surface to measure a reference
sound pressure level; however, it is not used in this work.

Based on the decomposed waves, the complex reflection factor of the sample r = #~/p+ can
be calculated. This reflection factor is then used to determine the absorption a and the
complex normalised impedance

a=1—r? (4.4)
1+r

(=0+ix=
1—r

: (4.5)

where 6 is the specific normalised resistance and x the specific normalised reactance. The
calculation of the absorption is based on the idea that all sound energy that is not reflected
must have been absorbed by the sample. This is only valid if no sound is transmitted
outside, for example, due to sound leakage at the sample.

4.2. Normal incidence tube (DUCT-NIT)

The vibro-acoustic experiments, i.e., simultaneous measurements with a normal incidence
tube and a vibrometer to detect the plate motion, are conducted at DUCT-NIT.4 A
schematic view and a photograph of the measurement setup are depicted in Fig. 4.3.

The test rig has a rectangular cross section of Ap = 60 mm x 80 mm and therefore, according
to Eq. (4.1), a cut-on frequency of the first higher mode of 2142 Hz. The sound source
is an upstream loudspeaker (BMS-4599-ND) attached to the side wall of the duct. The
end opposite the resonator system has an anechoic termination. In this test rig, the same
plane wave decomposition as described in Eq. (4.3) in the measurement section are used to
decompose the sound field in incoming and reflecting acoustic waves. However, in this case,

4Measurements with a vibrometer are also possible at D-NIT in principle too, but at the time of the
experiments, D-NIT had not been constructed yet.
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Figure 4.3.: Experimental setup to investigate Helmholtz resonators with flexible walls at
DUCT-NIT

five microphones of type 1/4" G.R.A.S. 40BP-S1 with a pre-amplifier of type G.R.A.S. 26AC
are used instead of three. The spacing between the microphones increases exponentially to
reduce measurement errors. The data acquisition system is an OROS38, whereas the rest
of the measurement equipment is of the same type as in D-NIT. Due to the lower cut-on
frequency, the sampling frequency is reduced to 8192 Hz.

A laser Doppler vibrometer (Polytec OFV-5000 with an OFV-200 single-point sensor head)
is used to determine the local deflection of the flexible wall inside the resonator system.
The vibrometer is of a heterodyne-interferometer type in which a helium-neon laser emits
a beam with a carrier signal. The sensor head focuses this beam to a small point on the
plate. The reflected light of the vibrating object is subject to a Doppler shift proportional
to the vibration velocity. This Doppler shift induces a frequency and phase modulation
of the carrier signal, which is registered by a light detector inside the vibrometer. The
light detector then converts the fluctuation in light intensity into an electric signal. The
vibrometer has two decoders. One decoder uses frequency modulation to calculate the
vibration velocity, and the other uses phase modulation to calculate the vibration deflection.
The largest velocity range (50 mms~! V1) of the built-in velocity decoder is used to allow
a maximum measurement range up to 500 mms~!. With the same idea in mind, the
deflection decoder range is set to 5mmV . The acoustic excitation by the loudspeaker in
the upstream section is held for five seconds before every measurement to ensure a stationary
behaviour of the flexible plate. The experimental setup is similar to that introduced in
Knobloch et al.2%] but here the modified channel is terminated with a resonator system
instead of a flexible plate.

In preliminary investigations, the motion of the perforated face sheet, plate holder and
the transparent back wall was measured. Their vibration amplitudes were found to be
at least two orders of magnitude below that of the flexible plate; consequently, they can
be assumed rigid (shown in Fig. A.1). This is crucial because the laser beam passes
through the transparent back wall onto the flexible plate. A motion of the transparent
back wall would corrupt the signal associated with the flexible plate’s motion. Furthermore,
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investigations were conducted to assess whether the transparent back wall made of acrylic
glass (polymethyl methacrylat, PMMA) is suitable for laser vibrometer measurements. The
transparency was assessed by measuring the vibration of the flexible plate without the
transparent back wall and with the transparent back wall at a sufficient distance from the
resonator. Both vibration measurements agreed very well (shown in Fig. A.2) and the
transparent back wall can therefore be assumed to be sufficiently transparent.

Laser vibrometer measurements were conducted using a resonator and a flexible circular
plate. The flexible plate is assumed to vibrate substantially only in radial modes because
higher azimuthal modes have a mean displacement close to zero, see the discussion in
Section 2.4.2, and are hardly excited by an incoming plane wave. In this case, the centre
point is always a maximum in the deflection and velocity amplitude for a clamped circular
plate; hence the centre point was chosen as the focal point of the vibrometer’s laser beam.
Adding a reflective colour to the centre point does not significantly alter the behaviour of
the plate (see Fig. A.3).

4.3. Duct acoustic test rig (DUCT-R)

The experimental investigations with a grazing incidence are conducted at the duct acoustic
test rig (DUCT-R) facility. The test rig was introduced in 2012 to assess planar liners07],
The test facility offers the possibility to measure the effect of grazing flow and nonlinear sound
excitation with sound amplitudes of more than 130 dB. The facility is well established and
has been extensively used for liner measurements and impedance eductions!!12h[307]:[296],[106]

The rig is sketched in Fig. 4.4 and consists of two symmetrical parts with a cross section of
Ap = 60mm x 80 mm and according to Eq. (4.1) a cut-on frequency of the first higher mode
of 2142 Hz at ambient conditions with no flow. The left half of DUCT-R constitutes DUCT-
NIT. Each part is equipped with five flush mounted microphones of type 1/4" G.R.A.S.
40BP-S1 to decompose the sound field into upstream and downstream travelling sound
waves in each section, respectively, similar to Eq. (4.3). The signal processing is similar to
that at the DUCT-NIT. Additionally, the method of Chung/3%8! is used with the loudspeaker
input signal as a phase reference to reject uncorrelated turbulent flow noise. The sound
waves are excited either via upstream speaker A or downstream speaker B (see Fig. 4.4)
of type BMS 4599HE with a single tone and an amplitude of the incoming plane wave
of either 110dB or 130 dB(RMS). The propagating direction is downstream, if excited by
speaker A, or upstream, if excited by speaker B in the corresponding hard wall section.

Anechoic terminations at either end reduce end reflections above 160 Hz down to 15 % or
less|106, b 64]

A radial compressor is attached to the anechoic termination at the upstream section,
enabling grazing flow with a centre line Mach number of up to 0.3. The free-flow velocity is
measured with a Prandtl tube (KIMO L) in the centre of the duct cross section at the end
of the downstream section and a differential capacitance manometer of type Baratron MKS
220D. The temperature in the duct is measured using a PT-100 probe of type GMH 3750.
The ambient pressure is determined with a sensor of type Comet T7510. Measured flow
velocity profiles in the DUCT-R can be found in Schulz et al.l'3%], The grazing flow velocity,
averaged over the duct cross section, is estimated using a nonlinear equalisation calculation
from the wave numbers in the longitudinal direction k;t With k;t = ko/(1 £ M), there
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Figure 4.4.: Grazing incidence duct acoustic test rig DUCT-R

is a relationship to the effective, convective flow Mach number M, for sound propagation,
which is a reasonable approximation for the actual Mach number averaged over the duct
cross section at low frequencies!'%l. The corresponding skin friction velocity near the liner
section in DUCT-R is u, ~ 0.035ue with ue denoting the centre line velocity[1?8: P- 411,

4.3.1. Determination of scattering coefficients

The acoustic properties of a liner can be described by scattering coefficients. The transition
from the sound-reflecting hard wall section to the liner section represents a change in the
boundary condition for sound propagation: a certain proportion of the sound is reflected,
whereas another proportion is transmitted across the liner. A third proportion that is
neither reflected nor transmitted is dissipated by the liner. The scattering coefficients
rT, 7~ and tT,¢~ describe the portions of the sound pressure wave reflected or transmitted
by the liner at the upstream or downstream end, respectively.

To determine these four independent scattering coefficients, four linearly independent
equations are needed. Two equations can be obtained by excitation with one loudspeaker
(A) and a plane wave decomposition of the sound field in back p~ and forth p* travelling
waves in the hard-wall section before (Section 1) and after the liner (Section 2). Two
additional equations can be obtained by sound excitation with another loudspeaker (B) at
the opposite side of the liner and a plane wave decomposition in both sections. This can be
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expressed asl119l

1[4+ A+
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PzA PzB o Pon P2
ou m

Therefore, the reflection and transmission coefficients of the liner can be determined
from the amplitudes of the incoming and outgoing waves obtained from two independent
measurements. A sketch with the corresponding variables is depicted in Fig. 4.5.
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Figure 4.5.: Schematic sound fields in the duct sections to determine the scattering coeffi-
cients of a liner

In the case of a symmetric liner without flow: »* =r~ and t¥ = ¢~ and, hence, only one
excitation with two equations is needed to fully determine the system. The energy flux P
for plane waves can be expressed asl!6% p- 153]

Ap
/’00

Pt =201+ M)?

] (4.7)

This way, the pressure reflection and transmission coefficients r,¢ can be related to the
energy reflection and transmission coefficients R, T for plane waves with no cross section or
mass flow change before and after the liner via the acoustic energy flux:

Ap (1FM)? 2

+ D +

_ 4

2poc(1:|:]\/[)2‘r ‘ (48)
2

+ ‘ti’ (4.9)

The dissipation coefficient is derived from an energy balance, i.e. everything that is neither
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reflected nor transmitted must have been dissipated, given there is no leakage of sound:

D¥*=1-R*-T*=

2 2 2
Ap M‘ri’ - ‘ti’ (4.10)

" 2ppe (1£ M)?

The test rig can also be used to educe the impedance of the liner. With no additional
instrumentation, the complex pressure transmission coefficient ¢ can be used to educe the
impedance of the liner using the single-mode-method ‘LINUS’BOLBOTLI0S]  Neglecting
nearfields and reflections at the discontinuities at the axial liner boundaries with a length L
and assuming a homogeneous liner with only one propagating mode, the axial wavenumber
k,. over the liner can be determined from the transmission coefficient as

—¢ , .In(lt])

+i— (4.11)

t = [t] ¥t = ekl ith k, = —
l with £, = =2 i1

In the no-flow case, the wavenumber perpendicular to the liner k, can be obtained using
the dispersion relationship Eq. (2.4) as

ky = /K3 — k2. (4.12)

- iko
Ky tan(kyly)

The liner impedance then is simply:

(4.13)

With grazing flow, the solution involves numerical integration of the pressure derivatives
along the duct height using the Pridmore-Brown-Equation[37. ‘LINUS’ has the advantage
of not needing more instrumentation than to determine the scattering coefficients, but is less
accurate than measurements with additional microphones on the wall opposite (face-to-face)
to the liner.

4.4. Single modular Helmholtz resonator with a flexible wall

In this work, two different types of Helmholtz resonators with flexible walls are investigated:
a modular single resonator and three liner samples comprising arrays of resonators with
flexible walls. The resonator array samples are used to address the first research question,
whether the concept is suitable as a silencer in a grazing incidence setting. However, most
research is done on the single modular Helmholtz resonator to investigate the physical
mechanisms of the concept as raised by research question two. The single resonator system
attached to D-NIT is depicted in Fig. 4.6. Its properties are presented in the following.

This resonator system consists of a face sheet, a main cavity, a plate holder with a flexible
wall, a back cavity, and a rigid back wall. The main cavity can be extended on every outer
side (each side wall and the back wall). In this case, one of the four rigid side walls is
removed and replaced with a flexible clamped plate inside a plate holder and a second
cavity. Alternatively, the main cavity can be enlarged to create a Helmholtz resonator with
the same overall depth as the configuration with a flexible plate. This modular approach
allows the testing of different face sheets, flexible plates, and back cavity sizesP19l. The
modular system can also be used to investigate multiple flexible plates on opposite side
walls or in series. However, this is beyond the scope of this work. The main cavity has a
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Figure 4.6.: Single modular Helmholtz resonator with a flexible wall mounted at D-NIT

quadratic cross sectional area of Acay = 35 mm X 35 mm and a depth of lcay, = 60 mm. This
cross section is the same as D-NIT. For measurements at the DUCT-NIT, the DUCT-NIT’s
cross section is larger than that of the resonator. Therefore, to comply with the continuity
of acoustic flux, the measured overall impedance must be adjusted by the hard wall area
around the resonator with the factor Acav/Ap.

The regular cavity walls are made of aluminium with a thickness of 10 mm. The flexible
plate is clamped inside a plate holder, followed by a back cavity and rigid back wall. The
plate holder consists of two rigid aluminium plates with a thickness of [, = 2mm with a
variable cut-out, which determines the shape of the flexible plates. The air volume in the
cut out of the plate holder slightly increases the volume of the main and back cavities. The
depth of the back cavity can be varied; however, in this study, it was fixed to a depth of
lcav, = 15 mm. The rigid back wall is made of aluminium, but was exchanged with a 5 mm
thick transparent backplate made of acrylic glass for laser vibrometer measurements.

The modular resonator allows the placement of microphones inside the cavities. Two
microphones (MC1 and MC2 in Fig. 4.6) are used for a plane wave decomposition inside
the main cavity to determine the plate-related absorption apcav and impedance (p cav,
which includes the effect of the flexible plate and the back cavity. The effects of the flexible
plate can then be isolated by comparing it to the overall absorption ay.t and impedance
(ot determined by the normal incidence tube microphones outside the resonator. The
distinction is sketched in Fig. 4.7.

The back cavity microphone is placed in the middle of the back cavity. The dynamic
pressure difference Agpr, = [Py | — [Phrc1| between the cavity microphone close to the
flexible wall and in the back cavity is used to assess the driving pressure of the flexible
plate’s motion.

The centre of the main cavity microphones were 22.5mm (MC1) and 41.5 mm (MC2) away
from the face sheet. The decomposed matrix is singular outside the measurement range;
however, it cannot be ruled out that nearfield effects from the face sheet and flexible plate
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Figure 4.7.: Sketch to distinguish the absorption and impedance of the total resonator and
of the plate and back cavity alone

are included in the measured signal, and the data quality is, therefore, expected to be less
reliable. This is inevitable because of the space constraints inside the resonator system.

4.4.1. Face sheet

The face sheet serves as the Helmholtz resonator neck and is therefore a crucial component.
Four different perforated face sheets are tested in this thesis to investigate their influence
on the system’s response, i.e., how a face sheet change affects the overall system’s response,
as well as the individual Helmholtz resonance and flexible wall response. The face sheet’s
geometric properties are stated in Table 4.1. A photograph of all tested face sheets is
presented in Fig. 4.8.

Table 4.1.: Face sheet properties and corresponding Helmholtz resonance frequency

Name ht in mm  dy, in mm Nh oin % fur in Hz
FS-1 2 1.5 18 2.6 631
FS-11 2 1 18 1.2 449
FS-111 1 1 64 4.1 1062
FS-1V 2 8.9 1 5.1 527

Additionally, for each face sheet, the corresponding Helmholtz resonance in the case of a
cavity depth of lcay, = 60 mm and no flexible wall is given. Face sheet I is the baseline
face sheet used in both the D-NIT and DUCT-NIT.? The face sheet has a comparable low
porosity and large thickness to obtain a low Helmholtz resonance frequency. Face sheets 11
and III are only used in D-NIT to investigate the influence of the perforation and Helmholtz
resonance. The perforation diameter of face sheet II is decreased to lower the Helmholtz
resonance frequency. For face sheet I1I, the thickness is halved and the number of holes is
doubled, resulting in a higher Helmholtz resonance frequency. Face sheet IV is used only in
DUCT-NIT with a single large hole. These different face sheets cover a wide range of low
Helmholtz resonance frequencies to assess the impact of a Helmholtz resonance lower, close
to, or higher than a plate resonance on the overall behaviour.

5As the cross section of D-NIT and DUCT-NIT is different, there exist two face sheets labelled ‘I’, see
Fig. 4.8, but they are the same when viewed from the resonator cavity.
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Figure 4.8.: Photograph of tested face sheets

4.4.2. Flexible wall

Another important aspect is the flexible wall material. Since the flexible wall is not
prestressed, the restoring forces result from its flexural rigidity. Therefore, the terms
‘flexible wall’ and ‘flexible plate’ are used interchangeably in this work. Polymers are
suitable candidates for flexible walls for multiple reasons:

1. They can have a very small modulus of elasticity (E < 100 MPa), which is orders of
magnitude lower than e.g. aluminium 70 000 MPa or steel 210 000 MPa. This enables
lower plate resonance frequencies, see Eq. (2.58) for a circular or Eq. (2.71) for a
rectangular plate.

2. They have a very high deformability, which means that they can be stretched multiple
times their original length without plastic deformation. This allows them to sustain
high pressure excitations without breaking.

3. They have a high mechanical loss coefficient > 5%, which is orders of magnitude
higher than for example steel with 7 & 0.01 %216, Pp- 191197 This is hecause the
molecule structure of elastomers statistically favours a coiled state in a thermodynamic
equilibrium, known as entropy elasticity. When a stress is applied to an elastomer,
this coiled up state is untangled, leading to high friction between the polymer chains
and subsequently to high energy dissipation[3!1: Pp- 255-275]

The loss coefficient over the Young’s modulus for various materials is depicted in Fig. 4.9.
Polymers have a relatively low Young’s modulus £ < 100 MPa and a high loss coefficient
n > 0.1, making them a suitable material choice for flexible walls for additional damping.
The loss factor of polymers can be approximated by n =~ 0.04E~!, with E denoted in
GPal312 p- 1171 The trend is depicted as a dashed line in Fig. 4.9. The mechanical losses of

71



Neoprene

Butyl rubber

\Elastomers

4 sicone |7 E=0.04GPa
.{Iasmmers H
N,

Loss coefficient - modulus

Leather
¢ lonomers:

Flexible olymerfh
foams : Cork

Foams

Rigid polymer
foams

Loss coefficient, », at 30°C

10-2 g
iPC
i PMMA |
H PET,
i Nontechnical / <
10-3 i i ceramics  Stne
i Composites*
10-4 o, e comme . oo, g, s e 0. i
i Technical
i ceramics i
H Soda glass H
1075 S -
T T T T
10-3 102 10-1 1 10 100 1000

Young's modulus, E (GPa)

Figure 4.9.: Loss coefficient 7 versus Young’s modulus E for a wide range of materials. This
image is protected by copyright; reprinted with permission with permission of
Elsevier Ltd. from/312: p- 117]

metals are higher in soft metals like lead and pure aluminium, strongly depend on the alloy,
and are mostly frequency-independent[312' pp- 116-119] 6

Three different materials are tested in this work: Two polymers, thermopolastic polyurethan
(TPU) and ethylene butyl acrylate (EBA), and one metal (aluminium). TPU and EBA were
selected because of their low stiffness and high mechanical loss coefficient. However, polymers
may be susceptible to environmental conditions such as UV radiation, high temperatures,
and fluids such as water, fuel, hydraulic oil, and de-icing fluid. Therefore, aluminium has
been chosen as an alternative material that is less susceptible to environmental conditions.
Since metals have very little mechanical losses, this also helps to determine the importance
of inherent mechanical losses.

The mechanical characteristics of the three tested plate materials are presented in Table 4.2.
The values for the Young’s modulus and mechanical loss factor for the polymers are at
ambient conditions in Europe (20°C) for low frequencies (< 1000Hz). For the third
material, Aluminium, standard textbook values are assumed[312 pp- 794-811] T} density
and Poisson’s ratio of EBA were estimated from similar polymers.

The Young’s modulus E and loss coefficient ) for TPU and EBA were determined based on
a dynamic mechanical analysis and are both temperature and frequency dependent3!31:314],

SContrary, bells are made out of bronze, which is a Cu alloy, because it has very little mechanical
damping to enable more sound radiation.
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Table 4.2.: Flexible plate properties

Material E in MPa n hp in mm pp in kg/ m? vp
TPU 10-16 0.1 0.3 1080 0.49
EBA 10.5 0.09 0.55 940 0.49
Alu 70000 0.005 0.05 2700 0.33

The temperature and frequency dependent Young’s modulus and loss coefficient for TPU
are depicted in Fig. 4.10.
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Figure 4.10.: Temperature and frequency dependent material properties of TPU

The stiffness and mechanical losses of the TPU samples strongly depend on the temperature.
The material has a much higher Young’s modulus at lower temperatures, i.e. > 100 MPa at
—20°C compared to ~ 10 MPa at 100°C. The stiffness increases with frequency, which is
more pronounced at lower temperatures, i.e. at —20°C < 30 MPa at 50 Hz and > 100 MPa
at 3000 Hz, whereas it is nearly constant with respect to frequency at higher temperatures.
The mechanical losses are also higher at lower temperatures. Values up to 0.5 are reached
at —20°C and 2000 Hz whereas it is only 0.05 at 100 °C. The frequency dependency is less
pronounced for the mechanical losses. It remains nearly constant around 0.05 at 100 °C,
whereas it increases up to 0.2 at ambient temperatures. For —20 °C the loss factor increases
at lower frequencies (< 1500 Hz), reaches a plateau, and decreases at higher frequencies
(> 2000 Hz). Therefore, considering the frequency dependent material properties of TPU
is more important at lower temperatures. This temperature dependency of plastics may
become challenging when designing a liner with flexible walls that needs to be effective in
different climates.

Sample combinations

The vibroacoustic behaviour of the flexible wall is determined by its material, shape, and
boundary condition. The single resonator system was designed such that the flexible wall
between both cavities is interchangeable in size, shape, and material. Four different plate
geometries are studied: three circular shapes with a diameter of 15 mm, 22.8 mm, and
30mm and a rectangular cut out of 15 mm x 26 mm. The shapes and sizes, as well as their
first three eigenfrequencies are stated in Table 4.3. A photograph is presented in Fig. 4.11.
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Table 4.3.: Vibroacoustic properties of the tested flexible wall samples with analytically
determined three lowest significant eigenfrequencies

Name Shape! Material ~ Length in  f; in Hz foin Hz f3in Hz
mm
O-1 O TPU 15 349 1358 3044
O-11 O TPU 22.8 151 588 1317
O-III O TPU 30 87 340 761
R-1 0 TPU 15;26 219 308 462
R-1I 0 EBAS5 15;26 372 523 785
R-IIT 0 Alu 15;26 1412 1985 2982

»O: Circular, length equals diameter; [J: Rectangular, length equals side lengths

Figure 4.11.: Photograph of all used plate holders with clamped flexible plates. The circular
plates have a reflective mark in the centre for vibrometer measurements.

4.5. Resonator array

In addition to the normal incidence case, the single resonator system was also tested as a
single-cell-liner in DUCT-RB5LBIOL Thege investigations have been omitted in this thesis
for the sake of brevity. The dissipation of the single resonator system was found to be too
low to clearly investigate the influence of grazing flow!203].

Instead, three liner samples were manufactured to investigate the acoustical benefit of
adding flexible walls in a grazing incidence setting with and without flow in DUCT-R. One
sample is a reference sample (HR), which is a conventional SDOF Helmholtz resonator
liner. The second is a resonator array with one flexible side wall per cavity (FXW-1). The
third is a resonator array with two flexible side walls per cavity (FXW-2). The geometric
properties of the liner samples are stated in Table 4.4, where lc,y, denotes the side cavity
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lcav1

depth and A}, denotes the area of the flexible plate. The flexible plate is made of TPU
with a Young’s modulus of £ = 16 MPa, a loss coefficient of n = 0.1, and a thickness of
0.3mm. The cell and liner sizes were chosen to fit the DUCT-R geometry. The other
geometries were selected to allow for a Helmholtz resonance and several plate resonances in
the measurable frequency range at DUCT-R. All liner parameters, such as the face sheet
porosity, are similar for all liner samples with emphasis on comparing concepts, rather than
showing optimal dissipation.

Table 4.4.: Resonator array liner sample geometries

hgs in dy, in oin%  Acawvin leay, 0 leav, in Apin Cells
Name 2 2
mim mim mm mim mim mm
HR 1.5 1.1 6.1 192 42 . . 40
FXW-1 1.5 1.0 6.0 19 x 15.8 42 2.5 15 x 26 40
FXW-2 1.5 1.0 6.1 19 x 15.5 42 2.5 15 x 26 36

The flexible walls are positioned on the side because the side walls (e.g. 42 x 19 mm? for
FXW-1) offer more space for a flexible wall than the back side (e.g. 19 x 19 mm? for FXW-1).
In addition, this way the second cavity does not increase the overall liner depth. However,
positioning the second cavity at the side leads to an overall reduction of the active liner area,
which is defined here as the perforated area of the Helmholtz resonators. A schematic cell
and a photograph of each liner sample can be found in Figs. 4.12 to 4.14. The liner samples
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(a) Schematic cell (b) Photograph

Figure 4.12.: Reference liner sample (HR)

were manufactured by the Department of Function-Integrative Lightweight Engineering at
the Institute of Lightweight Engineering and Polymer Technology at TU Dresden. They cut
polyamide-6 organic sheets with 60 % continuous glass fibre reinforcement (PA6-GF) to size
using water jet cutting. After cutting, an adhesive film was applied to the stringers with
cut-outs. Subsequently, the TPU plate material was prestressed using a tensioning device, as
described in Neubauer et al.[234], to prevent buckling with minimal tension. It was attached
to the stringers with light pressure using the adhesive film, see Fig. 4.15s(a, b). Therefore,
the flexible wall was prestressed for manufacturing reasons, which may affect the acoustic
response. In addition, small holes with a diameter of 0.6 mm were drilled in the stringers
to allow for pressure equalisation between the cavities. Without pressure equalisation, a
static pressure difference due to grazing flow and the change of static pressure inside the
test rig could lead to an unknown static deflection of the flexible plate. Next, the stringers
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Figure 4.13.: Liner with one flexible wall per cell (FXW-1)
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Figure 4.14.: Liner with two flexible walls per cell (FXW-2)

were assembled and sealed with a two-component adhesive (DP490, 3M™ Scotch-Weld™)
to ensure bonding and prevent the transmission of airborne sound between the cavities,
see Fig. 4.15(c). Grooves were milled into the face and base sheet to precisely position the
core structure, which were then filled with adhesive to ensure bonding between the sheets
and the core structure. Figure 4.15(d) shows sample FXW-2 after the completion of the
assembly process. The reference liner and the FXW-1 liner were manufactured by the same
process.

Measurement uncertainties

This section provides a brief overview of measurement uncertainties when determining the
acoustical properties of the samples.

The accuracy of determining the scattering coefficients at DUCT-R was assessed by mea-
suring the dissipation in an empty tube and an error of approximately 3% in the no flow
case and 4% with a centre line Mach number of 0.21317 PP- 40411 * A similar accuracy can
be expected for DUCT-NIT as it comprises one half of DUCT-R. The accuracy of D-NIT
was similarly assessed with a sound hard termination, i.e., an empty duct, and is plotted in
Fig. 4.16. The absorption, which ideally would be zero if the thermal boundary layer of
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Figure 4.15.: Assembly process of the planar FXW multi-cell resonator array liner[316l

the hard wall is neglected, is around 2-3 % except near 1400 Hz and 3500 Hz where values
around 5 % were measured. These increased values are not related to the spacing between
the microphones and might be due to unknown side wall vibration.

The restoring forces of ideal plates are only due to their flexural rigidity. The flexible plate
in the single modular Helmholtz resonator is clamped into a plate holder tightened by ten
screws to a torque of 0.2 Nm to ensure that the plate is clamped on its boundaries. The
torque was chosen to be as high as needed to ensure a reproducible clamped boundary
condition, while being as low as possible to avoid pretensioning the plate, which would
increase the stiffness and consequently its eigenfrequency.

The reproducibility was assessed by removing the back cavity and the flexible plate holder
from the modular system and then immediately reattached. The absorption of the flexible
plate holder without the main cavity or face sheet for the largest circular plate in Fig. 4.17a
shows that the reproducibility is very good for the plate holder with a circular plate. In
contrast, the experimentally determined absorption of the resonator with a rectangular
plate of TPU showed some variability, as depicted in Fig. 4.17b. The Helmholtz resonance
around 700 Hz remains fixed but the exact location of the plate resonances varied up to
100 Hz. This might be due to local tension at the sharp rectangular edges.
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Figure 4.16.: Measured absorption spectrum of empty D-NIT
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Figure 4.17.: Repeatability measurement of the absorption of plate holder component and
entire resonator system

The flexible walls in the multi-cell liner were glued under tension with the cavity structure.
One additional plate holder with a pretensed flexible plate and one without pretension were
manufactured to investigate how a pretension affects the reproducibility. A photograph of
the glued plates is presented in Fig. 4.18b.

The repeatability of the tensioned plate in Fig. 4.18c was found to be better than the
tension-free version in Fig. 4.18a, which showed a larger variance in the absorption spectra.
Additionally, the operating test engineer also makes a difference. The variance of the
measured absorption by an instructed but untrained assistant in Fig. 4.18d is even greater
than the difference between pretensioned and tension-free. Note that the ‘mean’ absorption
of the tension-free plate is different to the ‘mean’ absorption of the pretensioned plate. This
demonstrates the high sensitivity of the system towards tension effects.
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Figure 4.18.: Repeatability of different flexible plate sample measurements

In summary, the liner concept is investigated with two sample structures in three experimental
test rigs. A modular Helmholtz resonator with a flexible intermediate wall was designed to
test different face sheet and flexible plate combinations in a normal incidence setup. The
acoustic properties are determined based on the reflection coefficient at the resonator surface
by a plane wave decomposition in the normal incidence tube. A vibrometer setup is used to
resolve the in-situ plate vibration through a transparent back wall. Cavity microphones are
installed in the main and the back cavity to resolve the corresponding pressure fields inside
the resonator. Polymers show promising mechanical properties for this concept because of
their low stiffness and high internal mechanical damping. Liner samples with multiple cells
and either none, one, or two flexible walls per cell are investigated with high sound pressure
levels and grazing flow. Their acoustic properties are characterised by their scattering
coefficients and their impedance, which is determined using flush mounted microphones
upstream and downstream of the liner samples.
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5. Numerical setup

The analytical and experimental investigations are accompanied by numerical simulations.
These simulations allow for a refinement and extension of the parameter space, as well
as insights into the spatially resolved pressure distribution and wall movement inside the
resonator which are difficult to measure. Furthermore, the numerical model can be used to
evaluate geometry or material changes without having to physically build a new sample
each time a change is made, which would be necessary for experimental investigations.

The numerical simulations in this work are conducted on a single workstation with an
Intel® Core™ i7-12700k Processor (12 Cores, 20 Threads) and 32 GB RAM, using the
commercial software Comsol Multiphysics® by Comsol Inc. in version 6.1 with the add-on
modules ‘Acoustics’ and ‘Structural Mechanics’. Comsol Multiphysics is based on the
finite element method (FEM). FEM is most commonly used in the numerical analysis of
vibrations in structures and sound fields in closed or nearly closed volumes!226: pp- 449-455]
Generally speaking, the set of differential equations for the equations of motion and boundary
conditions, such as the Helmholtz equation Eq. (2.2) or the plate differential equation
Eq. (2.47) state the problem in a ‘strong form’ since they must be met at every point of the
continuum. In FEM, the problem is formulated in a ‘weak form’, in which the equations
of motion and boundary conditions are met only in an average sense by considering an
integral expression. This weak form is then solved on a discretised model of the continuum
using finite elementsl226: Pp- 449-455]

Numerical Model

A representation of the numerical models of D-NIT, DUCT-NIT and DUCT-R is displayed
in Fig. 5.1.

At the inlet, upstream of the tube geometry a ‘port’ boundary condition is employed to
represent the plane wave excitation p{ , which is the prescribed pressure amplitude. For
D-NIT and DUCT-NIT, the inlet port is simultaneously the outlet port, and the outgoing
wave is evaluated at the same boundary. The complex reflection coefficient evaluated at the
POIt Tport = Pin/phu|port is transformed to the face sheet using a waveguide transformation
T = Tport el2kols a5 introduced in Section 3.2. I, the duct length, i.e., the distance between
the port boundary and the face sheet. Subsequently, the resonator impedance and absorption
are evaluated as ( = 47/1—rand a =1 — \7’|2. The boundaries inside the tube but outside
the resonator are modelled as sound hard without thermoviscous losses. This ensures that
no losses in the main tube outside the resonator are attributed to the resonator damping.
For DUCT-R, the outgoing wave is evaluated at the outlet opposite the inlet. The scattering
coefficients are calculated similar to Eq. (4.8) and Eq. (4.10), albeit without flow (M = 0).

A simple mesh study to investigate an appropriate mesh size is presented in Section A.3. A
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mesh with six quadratic elements per wavelength in the air domain and a maximum size of
ten elements per plate length was found to be a good compromise between accuracy and
speed. Double symmetries are exploited in the D-NIT and DUCT-NIT cases, and a single
symmetry is exploited in the DUCT-R case to reduce the model size and subsequently
reduce computation time. Their equivalency is demonstrated in Section A.3.

5.1. Fluid domain

In the fluid domain the built-in module ‘Pressure Acoustics, Frequency Domain’ is used
that solves the Helmholtz equation!318: pp- 63-154]

Ap + k% =0, (5.1)

which was introduced in Eq. (2.2). Equation (5.1) is converted to an equivalent weak
statement formulation and then discretised using finite elements in Comsol Multiphysics.

Wall losses

The wall losses inside the resonator are taken into account using the ‘Narrow Region
Acoustics Module’, which uses an equivalent fluid model to incorporate the effect of the vis-
cothermal boundary layer in the bulk of the fluid[3!8: P- 3211 The implementation in Comsol
Multiphysics is based on the low reduced frequency model™% as introduced in Section 2.1.2.
This is computationally very efficient and has been shown to be accurate for simple ge-
ometries, such as tubes and rectangular ducts below the cut-on frequency!!''> P 1371 1 The
complex wave number k. and complex specific impedance Z. are given by

y—(y-1Y
kf = kg <$> (52)
2
Z2 = Z (5.3)

¢ Teis(y = (v = 1) Ton

with T denoting the cross section averaged mean value of the scalar thermal and viscous
functions respectively. These are given for a circular duct as
Ja2(koLip)

1o = = o)’ (54)

'A more rigorous approach would be to fully resolve the viscothermal boundary with a thermoviscous
acoustic model. However, this would be too computationally demanding and is not the focus of this work.
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and a rectangular duct as

Yo =k Z (amm’) (1 - WM) + (Bm!) 2 <1 - WM) . (5.5)

Qmly/2 Bmly/2

=(m+1/2)m, (5.6)

) (5.7)

where O is a placeholder for either ‘vis’ (viscous) or ‘th’ (thermal). Rp,l,, . denote the
duct radius, width and height, respectively[3!8: P- 326][111, pp. 58-68]

5.2. Face sheet

Accurately representing the acoustic properties of a perforated face sheet is challenging
because it involves thermoviscous effects at the boundaries, higher order mode emergence
at the cross-section changes, and nonlinear effects such as flow separation when the sound
particle velocity exceeds the face sheet thickness, as explained in Chapter 3. Therefore, a
very high spatial and temporal resolution is required for a rigorous numerical solution of
the underlying differential equation. Solving this not feasible on a single workstation.

Alternatively, the effects of the perforated face sheet can be represented by an interior
boundary with a transfer impedance (. This approach is used in this work. The bound-

ary impedance for the thin perforated face sheet is modelled in Comsol Multiphysics
asl318, pp. 297-321]

Cfs = Clin + Cnl + Cuser
iw h 26resis . iw h s 26reac
— _Re <EM¢(U)> _iIm <EL¢(U)>

co Tr co r

+ ( 10 22C|Uh| + Cuser- (5,8)
The formulation of (j;y, is based on Crandall’s work!!4?!, see Eq. (2.28), with T accounting
for viscous wall losses and (o) denoting Fock’s function, see Eq. (2.37), accounting for hole
interactions. o denotes the porosity, hg is the thickness of the face sheet, Cp is the discharge
coefficient, with Oresist and dreact representing the (unspecified) resistive and reactive end
correction, respectively.? The nonlinear contribution is the same type as Eq. (2.41). Cuser
offers an option for arbitrary impedance corrections by the user. An additional normalised
resistance of 0.1 was added to the perforated plate impedance model for the face sheet
impedance of the resonator array liner in DUCT-R to account for rig specific contributions
not captured in the simulation, such as wall losses outside the resonator in the liner section
determined by a reference liner. This formulation is only available in the frequency domain;
therefore, time-resolved simulations using the interior boundary impedance representation
of a perforated plate are not possible.

2Note, that Eq. (5.8) suggests that hg is also affected by (o), which is most likely a typing error in
the manual because ¥(0) is defined as the hole interaction factor for end corrections only.
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5.3. Flexible wall

The flexible wall is modelled as a flat two-dimensional shell structure. A shell is a generalised
plate that can be curved. This assumes that the in-plane total strains vary linearly through
the small thickness and that the stress in the transverse direction is negligible[319 p- 1941,
As the flexible wall is very thin (h,/min(a,b) < 0.1), this assumption holds. Otherwise,
resolving the three-dimensional structure inside the thin (< 1mm) plate would require
an unnecessary fine mesh. The flexible wall materials are assumed to be linearly elastic
and isotropic with inherent mechanical damping. This means that plastic deformations
due to high deflections are not resolved. The mean maximum velocity is calculated as
Dpavg = Ap? pr |vp| dAp. The mechanical losses inside the flexible wall are included in
the numerical simulation by a complex Young’s modulus E = (1 + in) Eyea. The dissipated
energy due to mechanical losses is determined using Dpjate = @/P, where @ is evaluated
using the inelastic strain forces in the shell averaged over a period[swv p- 711 and P, denotes
the sound power of the excited incoming wave.

Acoustic-structure interaction

The acoustic pressure causes a fluid load on the solid surface, and the structural acceleration
acts as a normal acceleration on the fluid. The coupling between the fluid domain and flexible
wall is modelled in the numerical model with the ‘Acoustic-Shell Interaction, Frequency
Domain’ interface, which connects the acoustic pressure variations in the fluid domain
with the structural deformation of the shell boundary. Both domains need to be solved
simultaneously to capture the effect of the flexible plate on the Helmholtz resonance and
vice versa. Mathematically this ‘strong’ coupling condition® on the shell between two fluid
domain reads as

1 /
—n- (‘% (Vo' - ‘Id)up> =N ug (5.9)
1
—n- <—% (Vo' — qd)down> =-n-uy (5.10)
FA = (p/t,down - p’t,up)v (511)

where ug is the structural acceleration, n the surface normal, gq a dipole domain source
and Fy is the force per unit area experienced by the structurel38 p- 8431,

In short, the experimental sample structures introduced in the previous chapter are modelled
numerically using the commercial finite element software Comsol Multiphysics. The face
sheet is modelled as an impedance boundary condition; the flexible wall is modelled as a
two-dimensional shell structure that is strongly coupled to the air domain inside the main and
the back cavities. Viscothermal losses inside the cavities are considered using an equivalent
fluid model. In addition to the analytical and experimental investigations, the numerical
models have the advantage of resolving and visualising the coupled plate vibration and sound
pressure fields in the cavities as well as the possibility of exploring arbitrary plate shapes
and positions. This helps in gaining a deeper understanding of the concept and assessing
the cases in which the assumptions of the analytical model are justified.

3In a ‘weak’ coupling, the differential equations in the respective domains are solved subsequently. This
is useful to speed up the simulation e.g. when trying to capture the static pressure onto the plate due to
grazing fluid flow; if one assumes that the plate motion does not alter the fluid flow.
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6. Results and Discussion

This chapter presents the main results of the analytical, numerical, and experimental
studies to answer the two central research questions. The first research question regarding
the suitability of the liner concept is investigated through experiments conducted in both
the normal incidence setup and the grazing incidence setup, characterised by high sound
pressure levels and grazing flow. The benefits and disadvantages of the proposed liner
concept with a flexible wall are highlighted by comparing it with a conventional Helmholtz
resonator liner.

The second research question, how the concept can be understood and modelled, is addressed
with the help of the analytical and numerical models, which were introduced in the
previous chapters. These model predictions are compared with the experimental results to
demonstrate their applicability and limitations. Further insight into the system is gained
using a vibrometer setup to measure the flexible plate response and cavity microphones to
determine the pressure field inside the resonator. In addition, numerical simulations are used
to resolve the three-dimensional pressure field and two-dimensional plate deflections. The
computational speed of the analytical model is exploited to unfold parameter dependencies
of the interplay between the Helmholtz resonator and structural resonances of the flexible
wall.

The modular Helmholtz resonator with different face sheets, plate geometries, and materials
is investigated first in Section 6.1 and Section 6.2 in a normal incidence setting because
the determination of the impedance and absorption is easier and more reliable than in
a grazing incidence setting. In Section 6.1 the resonator with a circular flexible plate is
tested in DUCT-NIT, which has the drawback that the measurement range is limited to
approximately 2100 Hz and that its cross section and that of the resonator do not match.
To improve the accuracy and increase the measurement range up to 4900 Hz, a new normal
incidence tube was developed and used in Section 6.2 with the same cross section as the
modular resonator to investigate the resonator with a rectangular flexible plate. However,
the quality of the experimental data in DUCT-NIT was found to be sufficiently accurate
to investigate the relevant effects; thus, no repetition of the measurements at D-NIT was
necessary.

An analytical parameter study of relevant face sheet, cavity geometries, and plate parameters
focuses on their individual contribution and the interaction between Helmholtz resonance
and plate resonances. The corresponding results are presented in Section 6.3.

Finally, the usage of multiple cells, high sound pressure field and grazing flow effects are
investigated in a grazing incidence setting in Section 6.4. The general idea is to use a
simpler normal incidence setup to investigate basic interaction effects between Helmholtz
and plate resonances first and subsequently use a more sophisticated grazing incidence
setup for flow effects.
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6.1. Helmholtz resonator with a circular plate and a
vibrometer setup

This section! shows the results obtained in the DUCT-NIT configuration, as introduced
in Section 4.2. In this setup, the normal incidence impedance of the Helmholtz resonator
with an intermediate flexible circular plate was measured by plane wave decomposition.
Two different face sheets and three different diameters of a flexible clamped circular plate
were tested. The specific sample characteristics are stated in Section 4.4. Additionally,
the centre plate deflection and velocity were determined using a vibrometer through a
transparent backplate. The excitation amplitude of the incoming wave was set to 100 dB
(RMS) if not stated otherwise. The plate material was TPU. The experimental results were
then compared to predictions from the analytical model introduced in Chapter 3 and the
numerical finite element simulations with the setup introduced in Chapter 5 to assess their
accuracy.

6.1.1. Experimental results

Figure 6.1a displays the measured normal incidence absorption coefficient « of the FXW
resonator as a solid line with face sheet one (FS-1, hg = 2mm, dy, = 1.5mm, o = 2.6 %)
and a flexible plate of diameter dp1 = 15mm. The absorption of a simple Helmholtz
resonator with the same total depth of lcav iR = leav, + lcav, = 75 mm is plotted as a
reference (HR, dashed). The frequency range is restricted up to 1000 Hz to focus on the
relevant low-frequency effects. The measured frequency points are marked with circles
for the absorption, boxes for the resistance and diamonds for the reactance for better
distinction.
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Figure 6.1.: Measured normal incidence absorption @ and normalised impedance ¢ = 6 +ix
for a resonator with a flexible plate (solid), FS-I, d, 1 = 15 mm and for a simple
Helmholtz resonator (dashed) and with the same face sheet and same total
depth . The legend entries for the impedance plot are black as the line-style
applies to both the resistance (blue squares) and reactance (red diamonds).

Two absorption maxima around 430 Hz and 610 Hz are visible for the resonator with a
flexible plate (solid) compared to just one for the simple Helmholtz resonator (dashed)

'Parts of this section were published in Kohlenberg et al.[32°],
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around 510 Hz. The introduction of the flexible plate successfully extends the damping of
the Helmholtz resonator to lower frequencies in this configuration. However, at the same
time, the Helmholtz resonance is shifted from 510 Hz to 610 Hz. These local absorption
maxima correspond to local minima in the absolute values of the reactance (red, diamonds)
in Fig. 6.1b and can, therefore, be interpreted as the system’s resonances. The introduction
of a flexible plate adds a low-frequency resonance and the Helmholtz resonance is shifted
to higher frequencies. The additional low-frequency resonance has a smaller bandwidth
and a lower peak value than the Helmholtz resonance. In between, the antiresonance is
visible around 480 Hz as a maximum in the normalised resistance (blue, square, solid) and
a negative slope of the reactance for the resonator with a flexible plate. This corresponds
to a local minimum in the absorption. However, because the antiresonance is close to both
resonances, the distinction is less clear in the reactance. In contrast, the simple Helmholtz
resonator (blue, square, dashed) shows no antiresonance in this frequency range.

The additional absorption maximum around 430 Hz roughly corresponds to the first radial
eigenfrequency of the flexible plate 350 Hz, stated in Table 4.3. The frequencies are not
expected to fully agree because the flexible plate is embedded in the resonator system.
For example, the air in the back cavity stiffens the plate, which raises the corresponding
plate related resonance frequency. Consequently, in this configuration, the resonator acts
as a double-degree of freedom resonator with the air mass in the perforated plate as one
degree of freedom and the first mode of vibration of the flexible plate as the other. The
compressible air volumes in the main and the back cavities can be thought of as springs
connecting the masses.
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Figure 6.2.: Measured centre point plate deflection amplitude |@p| (blue) and plate velocity
amplitude |0, (red) for FS-I, dp 1 = 15mm

The corresponding deflection and velocity spectra at the centre point of the flexible plate,
as measured by the vibrometer, are presented in Fig. 6.2. The highest amplitudes were
measured around 480 Hz. Therefore, the first resonance can be attributed to the flexible
plate, whereas the second resonance is the Helmholtz resonance. Note that the deflection
amplitude near the plate resonance |wp| = 0.038 mm already exceeded 10 % of the plate
thickness h;, = 0.3 mm. Although these deflection amplitudes are still small compared to the
plate thickness, excitation amplitudes of just 120 dB suggest plate deflections in the same
range as the plate thickness, assuming that the plate deflection increases proportionally to
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the incoming acoustic pressure wave amplitude. This may pose problems when attempting
to model the flexible plate using linear plate theory, which assumes small deflections.

Additionally, the vibrometer measurements revealed that the plate was strongly excited
around the Helmholtz resonance near 610 Hz as well. This is plausible because the flexible
plate is driven by a pressure difference between the main and the back cavity, which is
increased near the Helmholtz resonance. This also means that far from the Helmholtz
resonance (excluding higher cavity modes), there is not enough pressure difference to excite
the flexible plate. The antiresonance did not appear to affect the plate vibration. At
frequencies higher than the Helmholtz resonance, no additional maxima are visible in the
vibration spectra, and it can be concluded that no higher plate modes were excited in this
configuration, as they are too far away from the Helmholtz resonance with little pressure
difference between the cavities.

Influence of plate size

Based on this reasoning, if multiple plate eigenfrequencies are near the Helmholtz resonance,
the resonator system should exhibit multiple absorption peaks. This was investigated
using larger flexible plates with lower eigenfrequencies. Figure 6.3a displays the absorption
spectra of the resonator system with three different circular clamped plates with diameters
of d,1 = 15mm, dp, » = 22.8mm and dp, 3 = 30 mm, respectively.
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Figure 6.3.: Absorption a and plate velocity amplitude at the centre point |vp| for different
flexible plate diameters, F'S-I

The absorption spectrum of the resonator with a plate with d,» (red) consists of three
local maxima around 330 Hz, 590 Hz and 740 Hz. Therefore, plates with a larger diameter
indeed show a multimodal behaviour in this configuration. Assuming that the Helmholtz
resonance did not change significantly, the second peak around 590 Hz can be interpreted
as the Helmholtz resonance. Therefore, the intermediate plate provides a lower resonance
below and above the Helmholtz resonance and a weaker shift of the Helmholtz resonance to
higher frequencies than the small flexible plate.

The absorption spectrum of the resonator system with the largest plate dj, 3 (yellow) consists
of even more characteristic points, which, however, are not as distinct. The two larger
maxima around 460 Hz and 710 Hz are accompanied by slope changes around 350 Hz and
870 Hz. Note that these resonance frequencies and slope changes are similar but do not
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match the isolated eigenfrequencies, listed in Table 4.3 because of the presence of the
Helmholtz resonator and the back cavity. Therefore, a priori determined eigenfrequencies
provide an estimate of the expected number of significant plate modes in the resonator
system but are not sufficient to predict the complete resonance behaviour. The first slope
change around 350 Hz may be a weakly excited first radial plate mode, even though one
would expect its resonance frequency to be below that of dy2. A possible explanation
is that the flexible plate with the largest diameter dj, 3 was slightly prestressed during
application because a tensed plate is stiffened, and consequently, its resonance frequency is
shifted towards higher frequencies. The second slope change around 870 Hz is most likely
due to a weakly excited higher radial plate mode. The absorption maximum around 460 Hz
is considered the Helmholtz resonance, following the downshift from dp ;1 (blue) to dp 2
(red) with a similar distinct absorption amplitude. Therefore, the introduction of a large
flexible plate has shifted the Helmholtz resonance towards lower frequencies by more than
150 Hz when comparing the resonator system with the largest and smallest flexible plate.
Therefore, the flexible plate can either shift the Helmholtz resonance to higher or lower
frequencies. The plate diameter is, consequently, a crucial parameter for tuning both the
broadband, i.e., multimodal, and the system’s low-frequency absorption.? The downshift of
the Helmholtz resonance is due to the interaction between plate resonances and Helmholtz
resonance.

The measured plate velocity for the same configurations is depicted in Fig. 6.3b. The
highest velocity was measured for the configuration with a circular plate with a diameter
of dpo = 22.8mm (red) near the first resonance around 330Hz. The second highest
plate velocity is near the Helmholtz resonance 590 Hz, whereas the velocity at the second
plate resonance at 740 Hz is smaller. The plate velocity amplitude of the largest plate
dp3 = 30mm (yellow) was the lowest among all plate configurations. The highest values
are around 350 Hz near the first slope change, which gives further reason to expect the first
plate mode in this frequency region. Additionally, a substantial vibration can be detected
at higher frequencies around 900 Hz, near the second slope change, which hints at a higher
radial eigenmode nearby. Nevertheless, the vibration velocity of the largest plate diameter
was only roughly one quarter of the values of the other plate diameters. Note that only the
centre point velocity was measured using the vibrometer setup. Therefore, an explanation
might be that excitation and consequently the acoustic velocity is more concentrated in
the centre point for a smaller plate and more spread out for a larger plate. However, this
does not explain why d,, 2 showed larger amplitudes than dj, 1. Another contributing factor
might be that a larger plate is relatively less constraint by the clamped boundary than
a smaller plate. Thus, no clear trend was observed between the vibration amplitude and
plate size.

The changes in the normalised impedance are depicted in Fig. 6.4. The resistance in
Fig. 6.4a is dominated by resistance peaks that differ for each plate diameter. They are
not due to nonlinear face sheet losses because the amplitude of the incoming acoustic
wave is too low. Additionally, nonlinear effects predominantly appear near the Helmholtz
resonance, and the resistance peaks do not appear at the Helmholtz resonance frequency.
In contrast, they can be attributed to the antiresonances between the system’s resonances.
The resonator with d,; (blue) exhibits only one resistance peak around 480 Hz, that is
between the plate resonance and the Helmholtz resonance. The resonator with dj o (red)

2Technically, the volume of the main cavity is increased slightly by approximately 1.5 % because the
plate holder is thicker than the flexible plate and blocks more volume for smaller plates, see Fig. 4.11. This
minimal increase in volume is insufficient to explain the downshift of the Helmholtz resonance.
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Figure 6.4.: Normalised impedance ¢ = 6 + ix for different flexible plate diameters

exhibits one strong resistance maximum around 400 Hz and one weak maximum around
700 Hz above and below the Helmholtz resonance frequency around 600 Hz. The resonator
system with the largest plate diameter dj,3 (yellow) has three weak resistance maxima
because the number of significant flexible plate modes increases with larger plate diameters.

The reactance of all resonators are similar in the low and high frequency limit where the
reactance of the main cavity or the face sheet dominate.?> The different flexible plates
mainly alter the resonance behaviour between 300 Hz and 800 Hz. The intermediate plate
dp2 (red) with the highest velocity amplitudes and the strongest antiresonance peak also
showed the largest drop in the reactance around 400 Hz. This suggests that a higher plate
velocity strongly affects the resonance as well as the antiresonance behaviour. However,
the antiresonance resistance peaks of dp, ;1 and dp, 2 have a similar magnitude, even though
the centre plate velocity was much higher for dp ;. Therefore, no clear trend between
plate velocity and antiresonance behaviour, i.e., frequencies between resonances where little
absorption is observed, can be found in the experimental data.

Influence of face sheet

The flexible plate is embedded into a resonator system comprising a face sheet, a main
cavity, the flexible plate itself, and a back cavity. Therefore, the perforated face sheet is a
crucial component for the acoustic performance. The absorption and plate velocity spectra
under face sheet variation are depicted in Fig. 6.5a. The face sheet properties are stated in
Table 4.1. Note that the scale of the plate velocity amplitude has been changed compared
to Fig. 6.3 to better distinguish the individual lines.

The global maximum of the absorption (blue) is shifted towards lower frequencies in the
resonator with FS-IV (FS-IV dashed). FS-IV (kg = 2mm, dj, = 8.9mm, 0 = 5.1%) has a
higher porosity than FS-I (solid). In contrast, the flexible plate resonance around 430 Hz is
not significantly altered by the Helmholtz resonance shift from 610 Hz to 560 Hz. However,
the absolute value increases as the Helmholtz resonance is closer to the plate resonance.
These trends can also be observed in the plate velocity spectrum, depicted in red in Fig. 6.5a.
The plate velocity follows the Helmholtz resonance downshift and increases around the

3See the discussion for Fig. 2.3.
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Figure 6.5.: Effect of different face sheets on the resonator with the smallest flexible plate
diameter dp 1 = 15mm

lower resonance, whereas it is slightly decreased above 600 Hz. Overall, the plate velocity
is higher when the plate mode and Helmholtz resonance are closer. Fig. 6.5b shows a
comparison of the resonator impedance with variable face sheets, revealing that FS-I has a
higher resistance than FS-IV due to more viscothermal losses in the face sheet holes. On
the contrary, the reactance is higher for FS-IV, which leads to lower resonance frequencies.
The reactance difference increases with frequency.

Similar trends can be observed in the absorption and plate velocity spectra under variations
in the face sheet of the resonator with larger plates, as depicted in Fig. 6.6.
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Figure 6.6.: Absorption « (blue) and centre point plate vibration amplitude |vp| (red)
for FS-I (solid) and FS-IV (dashed) of the resonator with a flexible plate of
diameter dp o (left) and dp, 3 (right)

Regarding the resonator with the intermediate flexible plate in Fig. 6.6a, the downshift of
the Helmholtz resonance using FS-IV leads to increased absorption (blue) at the lower plate
resonance near 350 Hz and to less absorption at the higher plate resonance near 750 Hz.
This trend is also visible in the centre point plate velocity (red), indicating that the flexible
plate is more effective for additional absorption when the Helmholtz resonance is closer.
Similar trends can be observed for the resonator with the largest plate in Fig. 6.6b. Note
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that the global maximum velocity is increased for both plates using FS-IV, which has a
larger porosity. This suggests that higher porosities allow for stronger plate excitation
as more acoustic energy is transmitted through the face sheet. This is investigated using
cavity microphones in Section 6.2.

In short, the introduction of a flexible circular plate into a Helmholtz resonator extends the
absorption spectrum to additional lower and higher resonance frequencies. The different
resonances can be separated using a vibrometer setup. Both, the plate size and the face sheet,
can be tuned in such a way, that the Helmholtz resonance frequency lies between multiple
radial plate modes to obtain a broad absorption spectrum with multiple absorption peaks.
The closer the Helmholtz resonance is, the more absorptive are the nearby plate resonances.

6.1.2. Comparison with analytical and numerical predictions

These experimental results are compared with the analytical and numerical predictions in
this subsection. A comparison of the resonator with FS-I and the smallest circular plate
is presented in Fig. 6.7. The analytical (red) and numerical models (yellow) largely agree
with the experimental results (blue) in their predicted absorption of the resonator.
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Figure 6.7.: Comparison between experimentally (blue), analytically (red) and numerically
(yellow) determined absorption o and corresponding numerically determined
plate deflection shapes for resonator with FS-I, d;, 1

However, the analytical model predicts a slightly higher absorption near the plate resonance
and the numerical model predicts a slightly higher absorption above the Helmholtz resonance,
respectively. Both models predict a lower plate resonance and Helmholtz resonance than
the experimental data (blue). A possible explanation for this is that the flexible plate was
slightly prestressed in the experiment, which increases the effective stiffness, as discussed in
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Section 4.5. The numerically determined deflection shape of the flexible plate at 400 Hz in
Fig. 6.7 strongly resembles the first radial eigenmode in Fig. 2.10. Red indicates a high
deflection, green-blue a moderate deflection and grey no deflection. The plate deflection
shape at the Helmholtz resonance at 610 Hz is very similar to the aforementioned deflection
shape because the eigenfrequency of the second radial eigenmode (1358 Hz, see Table 4.3)
is too high to contribute significantly.

Similar trends can be found for the absorption spectra with FS-IV in Fig. 6.8. Both the
analytical and numerical models largely agree and correctly predict the downshift of the
Helmholtz resonance from 610 Hz to 550 Hz. However, they differ from the experimental
data in so far as that they predict a stronger plate resonance at lower frequencies (390 Hz
instead of 410Hz). It seems plausible that the plate resonance in the experiment was
between the two measurement frequencies and that the peak absorption in the experiment
was higher. Another source of error is the clamped boundary condition in the analytical
and numerical model, whereas in reality the boundary condition might be somewhere
between clamped and simply supported. However, a simply supported plate has lower
eigenfrequencies than a clamped plate, see Table 2.1.
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Figure 6.8.: Comparison between experimentally (blue), analytically (red) and numerically
(yellow) determined absorption « for the resonator with FS-1V, dj, 1

The analytical (red) and numerical (yellow) models align in their absorption prediction for
the resonator with an intermediate sized flexible plate in Fig. 6.9, although the numerical
model predicts slightly higher absorption for the higher resonance peak near 700 Hz. The
models generally agree with the experimental data (blue) as three absorption peaks are
predicted and measured. Additionally, the predicted lower plate resonance frequency almost
perfectly agrees with the measurement result. However, the resonance frequency of the
Helmholtz resonance and the higher plate resonance was measured higher than predicted.
The absorption of the higher plate resonance is overestimated as well. The reason for
the discrepancy is unclear, as a possible pretension of the flexible plate would affect both
additional plate resonances. Note that the predictions agree with the measurement results
for higher frequencies, i.e. no additional absorption due to even higher plate resonances.
The numerically determined deflection shapes in Fig. 6.9 at the lower resonance peak are
very similar to that of the first radial plate eigenmode, whereas the plate deflection shape
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of the third resonance peak resembles the second radial plate eigenmode in Fig. 2.10. The
deflection shape at the Helmholtz resonance around 600 Hz in between is a blend of both
eigenmodes. Higher azimuthal modes in the same frequency range were not excited and
did not contribute to the overall absorption as their mean displacement is zero, which is in
agreement with the discussion in Section 2.4.2.
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Figure 6.9.: Comparison between experimentally (blue), analytically (red) and numerically
(yellow) determined absorption « and corresponding numerically determined
plate deflection shapes for the resonator with FS-I, dp, o

Similar results can be found for the absorption of the resonator with the largest plate, as
depicted in Fig. 6.10. The analytical (red) and numerical (yellow) models mostly align in
their prediction, although they differ near a higher plate resonance around 800 Hz, where the
numerical model predicts a higher absorption at slightly lower frequencies. Both predictions
agree reasonably well with the measurement data (blue), but the differences are larger
than those for the small plates. The first small absorption peak in the predictions around
300 Hz is barely visible as a slope change around 350 Hz in the measurement results. The
corresponding deflection shape resembles the first radial eigenmode, but a faint second
ring is also visible. Predictions and experimental results agree very well for the Helmholtz
resonance around 500 Hz. Thus, the downshift of the Helmholtz resonance is correctly
predicted. The frequencies of the third and fourth absorption peaks around 700 Hz and
900 Hz is lower in the predictions. This gives further reason to assume that the plate was
slightly prestressed in the experiment, as all plate resonance predictions are lower than
the measured values. The plate deflection shapes of the higher absorption peaks resemble
each other. They differ from the eigenmodes, indicating a stronger interaction between
Helmholtz resonator and flexible plate for larger diameters.

The absorption spectrum for high incoming sound pressure levels of 130 dB of the resonator
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Figure 6.10.: Comparison between experimentally (blue), analytically (red) and numerically
(yellow) determined absorption « and corresponding numerically determined
plate deflection shapes for the resonator with FS-I, dp, 3

with FS-I and dj,1 is depicted in Fig. 6.11a. In comparison with the absorption at 100 dB
(purple), the peak absorption of the Helmholtz resonance is reduced but the bandwidth
is increased. The plate resonance is shifted to higher frequencies, and the bandwidth is
also increased. This might be due to a stiffening effect of high deflection amplitudes. The
analytical model prediction agrees very well with the experimental data for the Helmholtz
resonance. Note that the analytical and numerical models only consider the effect of higher
sound pressure levels in the face sheet. Therefore, they cannot predict the plate resonance
shift to higher frequencies because both models are restricted to small plate deflections.
Additionally, the numerical model predicts the absorption near the Helmholtz resonance
less accurately in this case. The plate vibration velocities exceeded the measurement range
of the vibrometer, and no usable vibrometer data were acquired for these high incoming
sound pressure levels.

The general absorptive behaviour — the peak absorption at the Helmholtz resonance is
reduced but the bandwidth is increased — is similar for the resonator with d, > in Fig. 6.11b.
The lower and higher plate resonances are shifted to higher frequencies because of the high
sound pressure level, which is not accurately represented by the analytical and numerical
models.
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Figure 6.11.: Comparison between experimental (blue), analytically (red) and numerically
(yellow) determined absorption at high sound pressure level p;, = 130dB. The
linear case (purple) is given as a reference.

Summed up, the analytical and numerical models align for most configurations with different
plate sizes and face sheets. They agree with the experimental data for different face sheets
and small and intermediate plates, which gives confidence that the relevant physical effects
are captured in the models. However, larger differences were observed for a resonator with a
larger plate or excited with high sound pressure levels. The latter is expected because the
analytical and numerical models consider the nonlinear effects of the face sheet but not those
of the flexible plate.
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6.2. Helmholtz resonator with a rectangular plate and cavity
microphones

This section presents the results of the modular resonator with a rectangular flexible
plate obtained at D-NIT.* In contrast to DUCT-NIT, D-NIT has the same cross section
area as the modular resonator system and allows the measurement of a larger frequency
range. Additional microphones are placed inside the main and back cavities to separate
plate-related contributions from the overall characteristics. Three different face sheets and
three different material samples with a rectangular shape were tested and the results are
presented in the following.

6.2.1. Experimental results

Figure 6.12 displays the experimental results of the baseline configuration of the resonator
system with face sheet I (FS-I, hgs = 2mm, d, = 1.5mm, 0 = 2.6 %) and a rectangular
(15 mm x 26 mm) flexible wall made of TPU. The blue line represents the measured overall
absorption coefficient o as determined by the plane wave decomposition using the three
channel microphones in D-NIT. The dashed orange line represents the measured absorption
coefficient o cay that includes the isolated effect of the back cavity and the plate holder
with the flexible plate. ap cav is determined using the microphones MC1 and MC2 installed
inside the main cavity, see Figs. 4.6 and 4.7.
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Figure 6.12.: Overall absorption (solid, blue) and isolated absorption of the flexible plate
and back cavity inside the same resonator system (dashed, orange) with FSI
and rectangular TPU plate

The overall absorption spectrum (blue) shows high absorption around 360 Hz, 470 Hz and
to a minor degree around 630 Hz, and 1100 Hz. Therefore, the resonator with a rectangular
plate inhibits stronger low-frequency resonances than the circular plate. The absorption
spectrum of the plate and back cavity (orange) displays only plate-related resonance

“Parts of this section were published in Kohlenberg and Knobloch!®?!l.
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absorption peaks around 360 Hz, 470 Hz and 1100 Hz. The theoretical Helmholtz resonance
frequency calculated using Eq. (2.27) is marked with a dashed black vertical line. The
Helmholtz resonance is only visible in the overall absorption but not in the plate-related
absorption. Therefore, both contributions can be successfully separated using additional
cavity microphones. At the Helmholtz resonance, the main cavity compresses uniformly,
meeting the resonance condition for a maximum pressure at the rear and a maximum
particle velocity at the face sheet. This resonance condition is also fulfilled when the main
cavity is not compressed uniformly but with a pressure node located in the middle of the
cavity, specifically at a frequency of approximately 3000 Hz.> This manifests as a sharp
absorption peak within the overall absorption spectrum.

The corresponding normalised impedance ¢ = 6 + iy, focused on frequencies below 1500 Hz,
is displayed in Fig. 6.13.
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Figure 6.13.: Overall impedance (solid) and isolated impedance of the flexible plate and back
cavity inside the same resonator system (dashed) with FSI and rectangular
TPU plate

The overall impedance Oy and Yot is plotted as solid lines. The overall impedance reflects
the multi-resonant behaviour with three resonance points below 800 Hz, i.e. around around
360Hz, 470 Hz and 630 Hz, corresponding to nearly zero-crossings of the reactance (red,
solid) with a positive slope indicating high absorption. The overall reactance is rather
smooth with less pronounced resonances below 700 Hz. A zero-crossing of the reactance
with a negative slope corresponds to an antiresonance with a sharp increase in the resistance,
resulting in a reduced absorption. The overall resistance (blue, solid) shows local maxima
at the antiresonances between the plate resonances and the Helmholtz resonances around
350 Hz and 500 Hz. Note that in the normal incidence case, maximum absorption is achieved
at a purely real valued impedance of ( =1 +1i0.

The complex behaviour of the isolated plate and back cavity 0}, cay and xp,cav is measured
at the same time as the overall impedance. It is dominated by spikes below 500 Hz. The

5This is similar to a quarter wave resonator, which also has higher resonances for example when 3/4“‘ of
the acoustic wavelength matches the cavity depth. However, the resonance frequency at 3000 Hz is not a
harmonic of the Helmholtz resonance frequency fur = 630 Hz because it is not merely a standing wave
of the cavity, but a resonant system of the cavity combined with the face sheet, see Fig. 2.3. The surface
pressure in the resonator cavities for this frequency is shown at the end of this section in Fig. 6.22¢.
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reactance (red, dashed) is very high for very low frequencies below 300 Hz that indicates
that the flexible plate is sound-hard for low frequencies. However, the data quality appears
to be poor due to the position of the microphones inside the resonator, rendering the results
highly susceptible to phase inaccuracies at very low frequencies with long wavelengths.
Between 300 Hz and 600 Hz the reactance exhibits multi-resonance behaviour as there are
multiple zero-crossings and slope changes due to flexible wall resonances. The reactance
above 600 Hz rises with a soft slope change around 1000 Hz and seems to reach a plateau
for higher frequencies.

The corresponding resistance of the flexible plate and back cavity (blue, dashed) has peaks
near the antiresonances, i.e., reactance with a negative slope at 250 Hz, 450 Hz and near
1000 Hz. The resistance has one pronounced antiresonance peak around 450 Hz between
the plate resonances but lacks the antiresonance peak due to the Helmholtz resonance.
Therefore, the comparison of the overall and plate-cavity impedances further helps to
separate the contributions and analyse plate characteristics that are covered by the face
sheet.

To further investigate the interaction between Helmholtz and plate resonances, the Helmholtz
resonance, i.e., the face sheet was changed. The results for the system with the same flexible
plate but face sheet II are presented in Fig. 6.14.
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Figure 6.14.: Overall absorption (solid, blue), isolated absorption of the flexible plate and
back cavity inside the same resonator system (dashed, orange), and sound
pressure difference between the main and the back cavity (solid, red) of the
resonator with FS-II and rectangular TPU plate

Face sheet II (FS-II, hg = 2mm, d, = 1mm, 0 = 1.2%) has a lower porosity and
accordingly a lower Helmholtz resonance. The effect of the lower porosity can be observed
in Fig. 6.14, as the theoretical Helmholtz resonance frequency (dashed) has shifted down to
around 450 Hz. All low-frequency absorption peaks of the entire resonator system (blue)
have been changed to lower frequencies. However, the absorption spectrum of the back
cavity and flexible plate, shown in orange, indicates that the flexible plate’s response remains
unchanged with different face sheets. Note that the orange plate-cavity isolated absorption
peaks occur at higher frequencies than the blue overall absorption peaks, but at the same
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frequencies as in the configuration with FS-I in Fig. 6.12. Consequently, altering the face
sheet leads to a change in the overall response, resulting in additional absorption peaks that
diverge from the plate resonances, yet the underlying plate behaviour remains unaltered.
Viewed from the outside, the Helmholtz resonance shifted the lower plate resonance towards
lower frequencies, i.e. 360 Hz to 335 Hz and the higher plate resonance to higher frequencies,
i.e. 490Hz to 550 Hz.® The dynamic pressure difference Aspr, = |phoy| — [Phrey| (ved) as
measured by the microphones in the main and the back cavities (MC1 and BC1) strongly
correlates with o cay. The pressure in the back cavity increased near the plate resonances
at 350 Hz, 500 Hz and 1000 Hz. The incoming acoustic wave excites the flexible plate,
which subsequently radiates sound into the back cavity, which is then reflected back by
the rigid termination. This creates a dynamic pressure difference between the main and
the back cavity in the steady state, which can be identified as the driving force for the
plate vibration and used to identify plate resonances. If the flexible plate is excited far
away from a resonance, no dynamic pressure difference is observed, and the acoustic wave
is reflected back to the main cavity. In addition, the pressure is higher in the back cavity
than in the main cavity below 600 Hz and vice versa above. This can be explained with the
help of the impedance of the baseline configuration in Fig. 6.13. The resistance and the
reactance of the plate-back-cavity subsystem increase with higher frequencies, showing that
the flexible plate reflects more acoustic energy back, resulting in a higher dynamic pressure
in the main cavity and a lower dynamic pressure in the back cavity.

A similar behaviour can be found in Fig. 6.15 with face sheet III (FS-III, hg = 1mm, dy, =
1mm, ¢ =4.1%) and a higher Helmholtz resonance. In this case, the Helmholtz resonance
near 1000 Hz is distinct from the first plate resonances, and the overall absorption at these
peaks is very similar to the plate and back cavity resonances alone. In this case, the
resonances act independently of each other. The pressure difference is very similar to
Fig. 6.14, which means that it is largely independent of the face sheet and, consequently,
of the Helmholtz resonance. As the pressure difference is thought to be the driving force
of the plate oscillations, this means that a higher porosity does not necessarily lead to a
stronger plate excitation.

The absorption and pressure difference for a resonator with a flexible plate made of EBA
with the same plate geometry (15mm x 26 mm) is depicted in Fig. 6.16. EBA has a
slightly lower Young’s modulus (E = 10.5 MPa) but is thicker (h, = 0.55mm). The overall
absorption is expected to be slightly shifted towards higher frequencies because the plate
eigenfrequencies are higher than for TPU, see Table 4.3.

The resonator system displays two plate resonances around 500 Hz and 800 Hz and the
Helmbholtz resonance in between around 600 Hz. The local maxima of ap cay coincide with
the ones in a0 without a significant shift. An additional plate resonance around 1750 Hz
is only visible in ap cay and Agpr, but not in the overall absorption yet. apcav appears
to be slightly negative around 1100 Hz. It is theoretically possible that the flexible plate
acted like a loudspeaker and generated sound. Since there is no other energy reservoir, e.g.
grazing flow, the generated sound would need to stem from other frequencies. However, for

SWithout any prior knowledge, one could also think that the Helmholtz resonance is shifted towards
higher frequencies, i.e., the highest frequency absorption peak is actually the Helmholtz resonance and the
plate resonances are both shifted to lower frequencies. This can be dismissed with the help of the parameter
study presented later in Fig. 6.25c, where the gradual change of the Helmholtz resonance with a porosity
change was evaluated.
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Figure 6.15.: Overall absorption (solid, blue), isolated absorption of the flexible plate and
back cavity inside the same resonator system (dashed, orange), and sound
pressure difference between the main and the back cavity (solid, red) of the
resonator with FS-III and rectangular TPU plate
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Figure 6.16.: Overall absorption (solid, blue), isolated absorption of the flexible plate and
back cavity inside the same resonator system (dashed, orange), and sound
pressure difference between the main and the back cavity (solid, red) of the
resonator with FS-I and rectangular EBA plate

apcav < 0.1 and f < 1500 Hz significant variation can be observed in the absorption. A
more convincing explanation is that the signal-to-noise ratio was too low, and near-field
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effects distorted the measured data, with absorption values near zero being slightly negative
because of random error. The second Helmholtz resonance around 3000 Hz is the same as
that of the TPU plate and is therefore largely independent of the flexible plate material. In
addition, the flexible plate behaviour is not affected by the second Helmholtz resonance,
because ap cay and Agpy, remain unchanged near 3000 Hz.

The resonator with a flexible metal plate of aluminium only showed significant overall
absorption oy near the Helmholtz resonance around 630 Hz, as depicted in Fig. 6.17. In
contrast, ap cav has multiple absorption peaks at 1900 Hz, 2200 Hz, 3300 Hz and 3800 Hz.
Again, they also appear as increased back cavity pressure in Agpr,, but the net pressure
difference is always negative. Consequently, the aluminium plate appears to be too reflective
to significantly contribute to the overall absorption. As a result, aluminium plates are not
suitable in this configuration for achieving further absorption.”
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Figure 6.17.: Overall absorption (solid, blue), isolated absorption of the flexible plate and
back cavity inside the same resonator system (dashed, orange), and sound
pressure difference between the main and the back cavity (solid, red) of the
resonator with FS-I and rectangular aluminium plate

6.2.2. Comparison with analytical and numerical predictions

A comparison between measurements and predictions of the baseline configuration is
presented in Fig. 6.18. Excellent agreement between the absorption spectra determined
experimentally (blue), analytically (red), and numerically (yellow) can be found for both the
plate-related resonances and the Helmholtz resonance. Thus, the analytical and numerical
model are able to capture the relevant phenomena. The models slightly underestimate
the absorption near the Helmholtz resonance at approximately 600 Hz. The numerical

"However, this result suggests that a plate resonator (p cav, i-¢., flexible plate and back cavity without
a face sheet) with a metal plate may absorb more sound than combined with a face sheet, albeit at higher
frequencies.

102



model predicts slightly higher absorption near the higher plate modes around 1000 Hz
than the analytical model. The experimentally determined spectrum is between the two
predicted spectra. Both models accurately capture the frequency and amplitude of the
second Helmholtz resonance.
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Figure 6.18.: Comparison between experimentally, analytically and numerically determined
absorption of FS-I with TPU plate

A closer look at the corresponding impedance in Fig. 6.19, focusing on the low-frequency
region, also shows an excellent agreement. Therefore, both the resonance as well as the
anti-resonance behaviour is modelled precisely. Minor discrepancies near the first resonance
at 360 Hz in both reactance (red) and resistance (blue) are apparent and may be attributed
to experimental uncertainties such as material properties or uncontrolled flexible wall
tension.
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Figure 6.19.: Comparison between experimentally, analytically and numerically determined
impedance of FS-I with TPU plate
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The absorption spectra for the resonators with different face sheets, determined both
experimentally and numerically, are shown in Fig. 6.20. The effect of changing the face
sheet is captured very well in the numerical setup too, as the lines agree very well. However,
the models forecast a more pronounced decrease in absorption at the anti-resonance than
what was observed. The absorption of the higher plate mode around 1000 Hz is slightly
better captured in the numerical model, especially when the Helmholtz resonance is near in
Fig. 6.20b.
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Figure 6.20.: Comparison between numerical and experimental results with variable face
sheets and rectangular TPU plate

A less clear result is found when the plate material is changed, as depicted in Fig. 6.21.
The main absorption trends for a resonator system with a flexible plate of EBA, as shown
in Fig. 6.21a generally agree, as three local maxima can be observed in all absorption
spectra below 1000 Hz. The first and third are associated with plate resonances. However,
a discrepancy exists between the experimentally (blue), analytically (red), and numerically
(yellow) calculated absorption values, as the analytical and numerical predictions are shifted
slightly towards lower frequencies than the experimental results. A possible explanation
is that the stiffness of the material sample in the experiment was higher than that in the
simulation. However, they mainly differ from the experimental results near the Helmholtz
resonance around 600 Hz.
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plate material
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Two key findings can be derived from the resonator with a metal plate, as shown in figure
Fig. 6.21b: The predicted Helmholtz resonance-associated absorption maxima are in good
agreement with the experimentally determined spectrum (blue). In contrast, the plate
resonance-associated absorption peaks were not observed in the experimentally determined
absorption. However, additional small absorption peaks are visible around 2000 Hz and
3500 Hz, which might indicate that the plate appeared stiffer in the experiment and was
stronger damped due to boundary effects than simulated. The analytical and numerical
models indicate a Helmholtz resonance occurring at approximately 600 Hz, accompanied
by sharp absorption peaks near 1450 Hz, 2800 Hz and another resonance near 3000 Hz.
The plate-associated absorption peaks are very narrow because of the low mechanical
losses inside the aluminium plate. The discrepancy between predicted and not observed
plate-related peaks may result from friction losses at the plate’s edges, which may reduce
the peak absorption amplitudes but are neglected in the models, as the analytical and
numerical models only account for internal friction losses inside the material with a complex
Young’s modulus. Because the loss coefficient is very low for aluminium, considering other
friction sources may be more important for aluminium than for plates with high internal
damping such as TPU or EBA.

The surface pressure in the resonator cavities and the resulting plate deflection of the
reference configuration are illustrated in Fig. 6.22. The numerical simulations are consistent
with the experimental data in predicting a greater dynamic pressure in the back cavity
for the two lowest absorption peaks at 330 Hz and 460 Hz, as well as predicting a lower
dynamic pressure at higher frequencies. The plate deflection shapes for 330 Hz and 460 Hz
closely resemble the first and third eigenmodes in Fig. 2.12.

For the circular plate, the plate deflection shape at the Helmholtz resonance in Fig. 6.9 was
a blend between two adjacent eigenmodes, which is not the case for the rectangular plate
in Fig. 6.22c. On first glance, the plate deflection shape at the Helmholtz resonance at
605 Hz resembles the second eigenmode. However, both deflection peaks point in the same
direction towards the back cavity, whereas the two maxima of the second eigenmode point
in different directions, see Fig. 2.12. The deflection shape at the minor absorption peak at
1015 Hz loosely resembles the third eigenmode in the lateral direction. The pressure node
inside the cavity is visible for the second Helmholtz resonance at 2975 Hz with minimal
plate excitation. Similar results can be obtained for the other configurations.

Briefly summed up: The introduction of a rectangular plate added strong additional low-
frequency absorption to the Helmholtz resonator for plates made of TPU and EBA. In
contrast, aluminium was not found to be a good alternative to polymers due to its low
damping properties. The addition of cavity microphones enabled further insight into the
system’s behaviour. With a plane wave decomposition inside the resonator the contribution
of the plate and the Helmholtz resonator can be separated. It was shown that in certain
configurations, the overall resonance behaviour is different from the individual resonances.
The data from the microphones in the main and the back cavities showed that the pressure
difference between the cavities invokes plate oscillations. In conclusion, both the analytical
and the numerical model capture the absorption behaviour of the resonator system reasonably
well. However, face sheet effects are captured more reliably than plate material effects. This
might be due to varying manufacturing material parameters, such as thickness, complex
stiffness, or imperfect mounting conditions in the experiments. The analytical model allows
for fast impedance and absorption prediction of the resonator system, whereas the numerical
model enables additional analysis of the spatial pressure and plate deflection distributions.
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6.3. Analytical parameter study

The favourable comparison between the model predictions and the experimental results
enable a parameter and sensitivity study of the relevant parameters which is presented in
the following. The analytical and numerical models were used to investigate the influence
of the parameters of the face sheet, cavities, and plate properties to evaluate their relative
contribution towards the overall damping characteristics. The goal of this parameter study
is to investigate whether these parameters affect the Helmholtz resonance, plate resonances
and the interaction between both resonances. This addresses the second research question,
i.e. how the resonator can be modelled and in which configurations the analytical or the
numerical model is more appropriate. A strong interaction is expected when the resonance
frequencies coincide, see Section 2.5, for which a fine resolution of the parameter is needed,
which is not feasible with experimental investigations. Additionally, this parameter study
helps to identify parameters to tune the system towards either broadband or low-frequency
damping. Results from the analytical model are compared to the numerical predictions
to show the applicability and limits of the analytical model with a special focus on the
interactions between Helmholtz resonance and plate resonances.

The baseline values and the corresponding value range of the varied parameters are listed
in Table 6.1.

Table 6.1.: Parameter list

Parameter Baseline Value range Unit

Face sheet

Thickness hgg 2 0.5 -25 mm

Hole diameter dj, 1.5 0.7-2 mm

Porosity o 2.6 1-20 %

Cavities

Main cavity depth lcay, 60 570 mm

Back cavity depth lcay, 15 1-20 mm

Cavity ratio

leavy / (leavy + leavs) 0.2 0.01 - 0.99 -
Plate material

Density pp 1080 700 — 1200 kg m—3

Loss coefficient 7 0.1 0-0.5 -

Young’s modulus F 16 1 - 1000 MPa
Plate geometry

Thickness hy, 0.3 0.1-1 mm

Square side length lyy p, (15; 26) 10 - 35 mm

Diameter dj, 15 10 - 35 mm

Other
Incident SPL pf, 90 90 - 130 dB
Temperature 7' 20 —20 - 100 °C
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Only one parameter was changed per variation because the goal was to highlight the influence
of individual parameters rather than global optimisation. The remaining parameters
correspond to the baseline case. The only exceptions are the variation of both the main and
the back cavity sizes with a fixed total depth, as well as the variation of the temperature
which affects the speed of sound, the Young’s modulus and the loss factor. The baseline
values were derived from the experimental baseline resonator, as investigated in the previous
section. The face sheet parameter limits were chosen to be in agreement with reasonable
liner geometry limits from literaturel. The plate sizes are bounded by the cavity cross
section, which remains unchanged at 35 mm x 35 mm. The baseline plate size 15 mm x 26 mm
is the same as the rectangular one from the experimental investigations from the previous
section. The plate material parameter limits are reasonable estimates for elastomers and
polymers, see Fig. 4.9. The densities of metals are higher, e.g. aluminium: 2700kg/m? or
steel 7850 kg/m?. They are outside the investigated parameter range because they also have
a much higher Young’s modulus and aluminium was not found to be a good plate material
in the experimental investigations presented in the previous section. The temperature
was varied to investigate its simultaneous effect on the temperature dependent material
properties of TPU and the Helmholtz resonance.

These parameters were varied using both the analytical and the numerical models. Calcu-
lating all numerical variations of Table 6.1 with a resolution of approximately 50 steps per
parameter range took about 10h for the Helmholtz resonator with the circular plate and
28 h for the Helmholtz resonator with the rectangular plate, despite exploiting double sym-
metries, i.e., quarter models, which were used to speed up the numerical calculations, which
are presented in Section A.3. The numerical results were interpolated in a post-processing
step to reduce the effect of the low parameter step size.

On the other hand, the analytical solutions have a five-fold higher resolution of 250 steps
per parameter while still being 10-20 times faster to calculate than the numerical solutions.
Calculating all analytical variations of Table 6.1 with a resolution of 250 steps per parameter
took about 3 min for the Helmholtz resonator with the circular plate and 110 min for the
Helmholtz resonator with the rectangular plate. The rectangular case takes longer because
the determination of the plate impedance involves numerical integration. The derivatives
of the deflection like B;ii{” in Eq. (2.83) were determined analytically once and then
implemented in the code to speed up the calculations.

The influence of the face sheet and cavities were very similar for the resonator with a
circular or rectangular plate. Hence, for the sake of brevity, only the results of the analytical
method of the resonator with a rectangular flexible plate are presented here. Naturally, the
exception is the variation of the plate diameter, which was calculated using the circular
plate model. A comparison between the prediction results of the analytical and numerical
model for selected parameters is shown at the end of the next section.

6.3.1. Face sheet parameters

The normal incidence absorption and impedance of the resonator with a variable face sheet
hole diameter are depicted in Fig. 6.23. The absorption spectra of the parameters with
the highest, lowest, and mean variations are displayed. All resistance (solid) and reactance
(dashed) solutions were plotted to display the spread of variation.

108



| o
8
dn— g
32
{="
g1
] (
'
h
'
3
'
5!
500 1000 1500 2000 2500 3000 3500 4000 ) 500 1000 1500 2000 2500 3000 3500 4000
Frequency f in Hz Frequency f in Hz
(a) Absorption, fyr &~ 700 Hz (b) Impedance; solid: 6, dashed: x

Figure 6.23.: Variation of face sheet hole diameter dy,

Changing the hole diameters while maintaining a constant porosity mainly alters the
third absorption peak, which is associated with the Helmholtz resonance. The first two
absorption maxima originate from the flexible plate. Their resonance frequencies remain
largely unaffected by the change in orifice diameter, but their absorption amplitudes increase
for smaller orifices. This can be explained by the fact that a face sheet with a small orifice
diameter has a higher resistance, see Eq. (2.28), because the viscothermal boundary layer
covers a relatively larger portion of the cross section. The resistance trend is visible in
Fig. 6.23b. The increased resistance leads to increased absorption because the resistance
is below the optimal value of § = 1 for most frequencies, except near the antiresonance
frequencies, where it is too high. Additionally, the reactance decreases for smaller orifices
because dior X dy, see Eq. (3.6), which leads to a higher Helmholtz resonance around 700 Hz.
The reactance is reduced more at higher frequencies.

The effect of increasing the face sheet thickness is presented in Fig. 6.24. Again, the main
changes occur in the third peak associated with the Helmholtz resonance and the second
Helmholtz resonance near 3000 Hz. The absorptive effect of a plate resonance is enhanced
when the Helmholtz resonance is nearby, which is visible around 1000 Hz or near the
decreased valley around 420 Hz. Increasing the face sheet thickness mainly leads to more
air mass in the orifice, which translates into a higher reactance as (s  hg, see Eq. (3.2),
which is visible in Fig. 6.24b. An increased reactance slope results in a lower Helmholtz
resonance frequency with a lower resonance bandwidth. The resistance also increases for
thicker face sheets because of the longer viscothermal boundary layer near the orifice walls.®

The face sheet porosity has a strong effect on the overall damping characteristics, which is
visible in Fig. 6.25. The porosity is a crucial face sheet parameter because it affects the
transformation of the impedance from one orifice to the whole face sheet, see Eq. (3.2),
the effective density, see Eq. (3.3), and the hole interaction, see Eq. (2.37). Therefore,
both the reactance and resistance are very sensitive to porosity changes, as visible in
Fig. 6.25b. The porosity mainly affects the Helmholtz resonance. Decreasing the porosity
shifts the Helmholtz resonance to lower frequencies with a smaller bandwidth as the slope
of the reactance increases. In contrast, the plate resonance is largely unaffected by the

8The face sheet thickness also takes part in the nonlinear contributions; however, these are irrelevant in
the baseline case and this parameter variation because the incoming sound pressure level is too low.
9The face sheet porosity also takes part in the nonlinear contributions.
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Figure 6.24.: Variation of face sheet thickness hg

face sheet porosity, except when the Helmholtz resonance frequency is in the vicinity of
a plate resonance. In the case of 0 = 5% the Helmholtz resonance frequency is higher,
and subsequently, the higher plate resonance is better excited. The Helmholtz resonance
lies between the two dominant plate resonances for very small porosities (o < 2.5%),
which is better visible in Fig. 6.25c. Note that the frequency range of the colour map is
only presented up to 2000 Hz for better visibility of the relevant effects. If the Helmholtz
resonance is between two dominant plate resonances, the lower plate resonance gets pushed
to lower frequencies, and the higher plate resonance gets pushed to higher frequencies.'? A
transition zone is visible around o ~ 2 % where the Helmholtz resonance and the second
plate absorption peak intersect. The Helmholtz resonance becomes more broadband with a
lower peak absorption at higher frequencies for higher porosities, whereas both lower plate
resonances remain largely unaffected.

10T his effect was also found in the experimental data in Fig. 6.14.
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6.3.2. Cavity parameters

The influence of the main cavity depth is depicted in Fig. 6.26. The main cavity depth
drastically affects the overall acoustic behaviour of the resonator system.

A very shallow cavity (blue) has a high Helmholtz resonance frequency around 2000 Hz, as
depicted in Fig. 6.26a. In this case, the lower plate resonances are distant and remain largely
unaffected. The intermediate cavity depth (red) slightly amplifies the peak absorption
values of the plate resonances around 800 Hz as the Helmholtz resonance is nearby. For a
very deep cavity (yellow), the Helmholtz resonance blends with the second plate resonance
as the bandwidth increases. Additionally, the second Helmholtz resonance around 2600 Hz is
visible. The depiction of the impedances in Fig. 6.26b appears to be chaotic and only reveals
that the mean cavity has a great impact and shifts the Helmholtz and second Helmholtz
resonance. The colourmap in Fig. 6.26¢ paints a clearer picture of this effect. For small
cavities, the Helmholtz resonance is around 2000 Hz that decreases for larger cavity depths.
The absorption bandwidth is small for shallow cavities but more broadband in the vicinity
of the plate resonances, e.g., for cavity depths larger than 15mm. Plate resonances are
enhanced if they have a resonance frequency similar to the Helmholtz resonance frequency,
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Figure 6.26.: Variation of main cavity depth lcay,

which is the case for a main cavity depth around 20 mm and 70 mm in this configuration.

In contrast, the back cavity depth primarily affects the plate resonances, as depicted in
Fig. 6.27. In the case of a very shallow back cavity (blue), only one absorption maximum
around 600 Hz with additional small local maxima around 800 Hz and 1400 Hz is visible. In
this case, the air in the shallow cavity is too stiff and plate vibrations are suppressed. For a
back cavity depth of 10 mm (red), both low-plate resonances around 400 Hz and 500 Hz are
visible. The second one has a larger absorption bandwidth because the Helmholtz resonance
is nearby. For a large back cavity (yellow), the plate resonances have a lower resonance
frequency as the stiffness of the back cavity is further reduced.

The depiction of the corresponding impedances in Fig. 6.27b highlights that the main
changes occur in the vicinity of the plate resonances below 1000 Hz. The second Helmholtz
resonance around 3000 Hz is unaffected by changes in the back cavity depth. The colourmap
in Fig. 6.27c reveals that the frequency and amplitude of the absorption peaks change more
for small back cavities < 7mm. In this case, the second plate resonance, starting around
800 Hz is particularly absorptive, whereas the first plate resonance, starting around 400 Hz
for very shallow cavities, is barely visible. This relative contribution is flipped for larger
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Figure 6.27.: Variation of back cavity depth lcay,

back cavities, and the first plate resonance contributes more to the absorption. Additionally,
a transition zone around lcay, ~ 10mm is visible, where the Helmholtz resonance and
second plate resonance seem to blend into a single, more broadband peak. This suggests
that although the frequency of the Helmholtz resonance and the second plate resonance
agree, they do not appear to be strongly coupled.

A common requirement of liners is that they must not exceed a certain total depth. In this
case, the cavity ratio leava/(lcav, +lcav,) With a fixed total cavity depth can be used to find
a suitable main cavity depth and back cavity depth to achieve better overall absorption.
The corresponding colourmap is depicted in Fig. 6.28. For ratios below 0.3, i.e., a shallow
back cavity and deep main cavity, the overall absorption changes mainly due to the depth
of the back cavity. The lowest plate resonances are suppressed by a stiff back cavity. The
second lowest plate resonance, which starts around 800 Hz, decreases more rapidly than
the lowest plate resonance, with an increasing ratio of up to approximately 0.2. In this
region, the Helmholtz resonance frequency is in the same frequency region and rises with
increasing ratio because the main cavity depth decreases. For higher ratios, i.e., a deeper
back cavity and shallower main cavity, the Helmholtz resonance shifts to higher frequencies,
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and the first plate resonance shifts to lower frequencies. The former can be attributed to
the main cavity, see Fig. 6.26c, and the latter to the back cavity, see Fig. 6.27c. This ratio
constitutes a design parameter for tailored absorption. Naturally, the optimal ratio depends
on the noise spectrum to be damped.
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Figure 6.28.: Influence of back cavity depth to total depth ratio, given a constant total
depth. Smaller values mean a large main cavity and a small back cavity.

6.3.3. Plate parameters

Variations of plate parameters predominantly affect the low-frequency plate resonances
and only to a minor degree the Helmholtz resonance, which is the highest of the three
low-frequency resonances around 600 Hz. Increasing the plate density leads to lower plate
resonance frequencies, as depicted in Fig. 6.29. Increasing the density from 700 kg/m? to
1200 kg/m? decreases the first resonance frequencies by approximately 100 Hz. This trend
agrees with the formula of the eigenfrequencies Eq. (2.71), i.e. fmn o 1/ /zp.
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Figure 6.29.: Variation of plate density py,

The mechanical loss factor affects the amplitude and bandwidth of the plate-related
resonances, as depicted in Fig. 6.30. A higher mechanical loss factor results in broader
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absorption with reduced amplitude. Higher plate resonances are visible as spikes in the
reactance above 800 Hz for very low mechanical loss factors. This behaviour is relevant for
metals with low mechanical losses. These spikes, e.g. around 1000 Hz or 2600 Hz, are not
shifted but are widened and their peak values are reduced for higher mechanical losses and
do not significantly contribute to the overall absorption in either case. However, mechanical
losses lead to greatly increased low-frequency absorption expressed as increased resistance in
the vicinity of the Helmholtz resonance when comparing the absorption spectrum for a loss
coefficient of 7 = 0 (blue) and = 0.1 (red). Therefore, the plate damping expressed in the
loss coefficient is highly beneficial for this resonator concept. However, for real materials, the
loss coefficient is material-specific and not tunable independently of the Young’s modulus.
Additionally, loss factors greater than 0.1 may only be obtainable near the glass—liquid
transition zone of polymers, which is both frequency- and temperature-dependent, as shown
in Section 4.4.2.
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Figure 6.30.: Variation of mechanical loss factor n

Polymers differ greatly in their stiffness, which is commonly expressed as the Young’s
modulus. Accordingly, the varied parameter range contains three orders of magnitude that
significantly impact the overall absorption of the resonator system. The corresponding
absorption spectra are depicted in Fig. 6.31. Higher low-frequency absorption can be
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achieved with the lowest Young’s modulus (blue) as all isolated plate eigenfrequencies
S o VE, see Eq. (2.71). These resonance frequencies are shifted to higher frequencies as
the Young’s modulus increases. For very stiff plates (yellow), only the Helmholtz resonance
and a very small plate resonance around 1800 Hz is visible. Fig. 6.31b reveals that the plate
resonances seem to follow an ‘s-shape’, which is best visible at the lower plate resonances.
For example, the second plate resonance frequency starts around 250 Hz for £ = 1 MPa and
only changes to around 400 Hz up to £ = 20 MPa. In contrast, the resonance frequency
changes to 700 Hz for E = 40 MPa in the vicinity of the Helmholtz resonance. The first
plate resonance only contributes to the overall damping for E > 5 MPa and has less peak
absorption near the Helmholtz resonance, whereas the peak absorption of the higher plate
resonances seem to be unaffected by the presence of the Helmholtz resonance. This suggests
a stronger interaction between the first plate resonance and the Helmholtz resonance than
between the higher plate resonances and the Helmholtz resonance. Plate resonances have a
significant impact on the overall absorption only below or near the Helmholtz resonance
frequency, with no notable contribution from plate resonances above 1300 Hz. Multiple
plate modes contribute to the overall absorption for a material with a low stiffness, i.e., four
for E = 5 MPa, in contrast to only one for E > 100 MPa. Therefore, as a rule of thumb,
materials with low Young’s modulus should be favoured for the resonator concept to obtain
both low-frequency and broadband damping.
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Figure 6.31.: Variation of Young’s modulus £

Similar trends were observed for the plate thickness, as presented in Fig. 6.32. The general
trends roughly agree with the isolated plate eigenfrequencies that linearly increase with
the plate thickness fm, n o< hp, see Eq. (2.71). The overall absorption is highly sensitive
to thickness variations for plates that are very thin, namely those less than 0.2 mm in
thickness, where multiple plate modes contribute to the overall absorption. The lowest
plate resonance is significant only above 0.2 mm and has an s-shape similar to that in the
variation of the Young’s modulus. However, the shape appears to be stretched, which might
be due to the fact that the y-axis is linear for the plate thickness, whereas the scale was
logarithmic for the variation of the Young’s modulus. For thicker plates > 0.5 mm only the
Helmholtz resonance and the first plate resonance are visible. Therefore, thinner plates
should be favoured for low-frequency and broadband damping. However, the sensitivity to
external factors, such as unwanted pretension, is very high for very thin plates because the
flexural rigidity and, consequently, the restoring forces are very small. Therefore, resonators
with these predicted absorption spectra might be difficult to manufacture reproducibly.
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Figure 6.32.: Variation of plate thickness hy

The absorption spectra of a variable plate side length for a square flexible plate are presented
in Fig. 6.33. Both side lengths are simultaneously increased, leading to a larger plate area.
The side length affects the frequency and number of relevant plate modes, i.e., the larger the
plate, the lower the eigenfrequencies.!! For plate lengths lxy,p < 15mm only one additional
resonance is observed. The corresponding resonance frequency decreases with larger plates;
for 15mm < Iy p < 23mm two, for 23mm < Iy, < 27mm three and above, even four
plate-related additional resonances are visible. The first resonance fades for very large plates,
implying that the number of relevant modes does not continue to grow indefinitely. Larger
plates typically exhibit greater broadband absorption; nevertheless, for very low-frequency
absorption, smaller plates, for instance, Iy, = 25 mm, may be more suitable.

Absorption @
1 35 - 1
— lyyp=10mm

09 " —lp=2mm |

038 Iyp =35 mm £ 08

0.7 ‘ E
5 | S
£ 06 { 25 0.6
S <
205 ]
Z 0.4 Pl o4
< 0. .
< g

03 \ H

02 £ 15 02

-

0 - 10 0
0 500 1000 1500 2000 2500 3000 3500 4000 0 250 500 750 1000 1250 1500 1750 2000
Frequency f in Hz Frequency f in Hz
(a) Absorption, fur ~ 600 Hz (b) Absorption map

Figure 6.33.: Variation of the square plate side length Iy ,

The variation of the plate diameter in the case of a resonator system with a circular flexible
plate is depicted in Fig. 6.34. The general trends resemble those of the square plate; however,
the additional resonances are more pronounced. The plate resonances decrease with larger

"The plate area alone is a fair indicator but is insufficient to describe the plate resonance behaviour. A
circular, rectangular, or square plate may have the same plate area but different eigenfrequencies. This can
be seen by comparing the spectra for Iy, = 30 mm in Fig. 6.33 and d, = 34 mm in Fig. 6.34, which have
the same plate area but distinct absorption characteristics.
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plate diameters, which agrees with the isolated eigenfrequencies Eq. (2.58). Depending on
the chosen diameter, only the first radial mode (dp < 18 mm), first and second radial modes
(I8mm < d, < 28mm) or first three radial modes for (d, > 28 mm) plate resonances
significantly contribute to the overall absorption. The corresponding plate deflection shapes
are presented in Section 6.1.2.
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Figure 6.34.: Variation of plate diameter d,,

The analytical model is also used to assess the influence of the ambient temperature. The
results are depicted in Fig. 6.35. The temperature affects both the Helmholtz resonance
frequency fur o ¢(v/T), see Eq. (2.27), as well as the mechanical properties of the flexible
TPU plate, see Fig. 4.10. TPU was found to be stiffer with a higher mechanical loss
factor for lower temperatures in the investigated frequency range. Below —20°C only one
absorption peak is visible, which is a blend of the Helmholtz resonance and the first plate
mode. At 20°C two absorption peaks are visible, where the Helmholtz resonance is close
to the second plate mode around 550 Hz. For high temperatures, i.e. 100°C multiple
resonances are visible because the stiffness is significantly reduced. However, because
the mechanical loss factor is also lower, the resonances have a smaller bandwidth. The
Helmholtz frequency is increased from 500 Hz to 700 Hz in the investigated temperature
range. This dependency is better visible in the second Helmholtz resonance, which is shifted
from 2500 Hz to 3500 Hz due to the increased temperature.

The effects of high sound pressure levels are shown in Fig. 6.36. These results are highly
uncertain because the linear plate theory does not consider the effect of large deflections, and
only the face sheet impedance is affected. Nevertheless, the absorption near the Helmholtz
resonance increases significantly at high incoming sound pressure levels in this configuration
because of the increased resistance in the face sheet.
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Figure 6.36.: Variation of incoming sound pressure level pf

6.3.4. Comparison with numerical results

In the analytical model, the acoustical characteristics of the plate are represented by an
equivalent plate transfer impedance, which is determined separately from the fluid domain
in the cavity and is connected via waveguide transformation. However, the numerical
model exhibits a higher degree of fidelity because the plate deflection is spatially resolved
and fully coupled to the fluid domain in the cavities. This subsection compares selected
representative results from the parameter study to determine where both are in agreement,
indicating that the analytical model is sufficient, and in which configurations they diverge,
indicating that the proposed analytical approach is inadequate. Comparisons for the other
parameters not shown here can be found in Section A.4.

A comparison of the absorption for a variation of the main cavity depth l.,y, and back
cavity depth lcav, as calculated by the analytical and numerical models is presented in
Fig. 6.37. Both results largely agree, and only minor differences in the absorption amplitude
e.g. for the higher plate resonance above 1200 Hz, marked with a dashed white rectangle,
are visible. Similar results can be found regarding a variation of face sheet parameters, in
Section A.4. The numerical model does not resolve the fluid inside the face sheet; instead,
an equivalent transfer impedance is used. Therefore, a comparison of the analytical and
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numerical face sheet variation predictions of the absorption is essentially just a comparison
between two face sheet impedance models. Both representations agree in their predictions
of the face sheet and cavity parameters.

Absorption a Absorption o
1 1.0

0.8

Main cavity depth /ey, in mm

L _ _ |
0 250 500 750 1000 1250 1500 1750 2000 2 750 1000 1250 1500 1750 2000

Frequency f in Hz Frequency f in Hz
(a) Analytical (b) Numerical
Absorption a Absorption a
1 1.0
0.8 0.8
= 0.6 0.6
=
=
oy
3
= 0.4 0.4
%
S
=
g 02 0.2
[
0 - o - - 0.0
0 250 500 750 1000 1250 1500 1750 2000 2 500 750 1000 1250 1500 1750 2000
Frequency f in Hz Frequency f in Hz

(c) Analytical (d) Numerical

Figure 6.37.: Comparison between analytical (left) and numerical (right) absorption maps.
First row: Variation of main cavity depth lc.y,, second row: Variation of
back cavity depth lcay,. White dashed boxes indicate regions with differences
between both models

A comparison between analytical and numerical results regarding plate stiffness and plate
thickness are depicted in Fig. 6.38. Again, both predictions largely agree. However, marginal
differences can be seen for very flexible plates, e.g. near 350 Hz at £ ~ 10 MPa or very
thin hp < 0.2mm plates, e.g. near 600 Hz at h, ~ 0.1 mm. The analytical model predicts
slightly more broadband absorption whereas the resonance peaks are more pronounced in
the numerical model.

Larger discrepancies between the analytical and numerical models appear when variable
plate sizes are considered, as depicted in Fig. 6.39. Although the general trends agree, the
individual resonances deviate, especially for larger plate sizes, i.e., lxy, or dp > 20 mm.
Therefore, predictions from the analytical model for larger plates are less accurate. The
analytical model predicts more pronounced plate-related absorption peaks that decrease
in frequency with increasing plate size. These analytically predicted trends are largely
independent of the Helmholtz resonance. In contrast, the resonance patterns in the
numerical model appear to be more complex with more cross-resonance interactions,
indicating eigenvalue veering, as explained in Section 2.5. There is a stronger coupling
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Figure 6.38.: Comparison between analytical (left) and numerical (right) absorption maps.
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for larger plates between the flexible plate and the back cavity as well as the Helmholtz
resonator, which is only accounted for in the numerical model. This may be related to the
particle velocity in the vicinity of the flexible plate. The analytical model assumes a plane
wave excitation that might not hold for larger flexible plates inside the resonator system
with higher plate order and, consequently, more complex deflection shapes.

The surface sound pressure level inside the resonator with a circular plate with dj, = 30 mm
is depicted in Fig. 6.40. There is a large acoustic pressure difference between the main
and the back cavities at the resonance frequencies 270 Hz and 800 Hz that drives the plate
oscillations, denoted as red crosses in Fig. 6.39. For 270 Hz the surface pressure at the plate
is almost constant whereas it shows a radial dependency at 800 Hz. The analytical model
assumes a constant pressure over the plate area, which may explain the differences in the
predicted absorption for higher order plate modes in Fig. 6.39.

Briefly summed up, the analytical and numerical models have been proven to be valuable
tools for investigating the damping mechanisms of the novel liner concept. The analytical
parameter study revealed that the face sheet parameters and the main cavity depth mainly
affect the Helmholtz resonance, whereas the plate size and material as well as the back cavity
depth mainly affect the plate resonances. In the case of a flexible TPU plate, the temperature
affects both resonance types. Plate resonances are more absorptive when the Helmholtz
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resonance is nearby. If a Helmholtz resonance coincides with a plate resonance, both
resonances are shifted away from each other. Both models largely agree in their predictions,
which gives further confidence to the analytical model. Differences arise for very thin and
very large plates, where the assumption of an impinging acoustic plane wave may no longer
hold. In these cases, more confidence should be put into the numerical predictions.

The Helmholtz resonance and plate resonances must be tuned accordingly to obtain resonator
system with low-frequency absorption. A low Helmholtz resonance can be obtained by
combining a thick face sheet with a low porosity and a deep main cavity. A deeper back
cavity also leads to low-frequency plate absorption. A good compromise was found to be a
back cavity size of one-tenth to one-fifth of the total depth. Thin, larger plates with a low
Young’s modulus and high material damping are preferred to obtain a high plate-related
absorption. Based on Fig. 4.9, elastomers are a good choice. However, their durability inside
atreraft liners must be ensured. If the flexible plates are too thin, i.e. smaller than 0.2 mm,
the absorption is more broadband and less low-frequency dominated. In addition, very thin
plates with a low Young’s modulus have a low flexural rigidity with small restoring forces
that makes their response more receptive to pretension, because the restoring forces due to
pretension would dominate in this case. This may lead to a stronger mismatch between
prediction and experiment in the case of unknown pretension. Exploring these parameter
ranges helps in gaining a deeper understanding of the concept and can be used for future
optimisation to design a liner with a flexible wall that excels in damping a specific noise
signature.
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6.4. Resonator array with flexible side walls under grazing flow

This section presents the results of the liner samples with multiple resonator cells in a
grazing incidence setting as introduced in Section 4.5.' The samples were investigated
experimentally at DUCT-R, introduced in Section 4.3, to address the first research question
and evaluate their effectiveness in a more realistic setting with and without flow. This
was evaluated by comparing the damping of the liner samples with and without flexible
walls. The experimental results also serve as a reference case for the numerical model, as
presented in Chapter 5. The numerical model was used to gain more insight into the sound
field inside and above the liner and the vibration of the flexible plates.

6.4.1. Experimental results

The measured dissipation of the reference sample (HR) and with one (FXW-1) and two
(FXW-2) flexible intermediate walls (TPU, 15 mm x 26 mm) with a single-tone excitation at
an incoming sound pressure wave of 110 dB and no grazing flow are displayed in Fig. 6.41.
The step-size was chosen as 25 Hz below 1000 Hz to detect low-frequency resonances with
small bandwidth and 50 Hz above to reduce measurement time. The reference sample is

—e— HR
—e—FXW-1
FXW-2

1

e
%

o
=N

Dissipation D
N
~

o
[}

() 1 L L L L 1 L 1
200 400 600 800 1000 1200 1400 1600 1800 2000

Frequency f in Hz

Figure 6.41.: Dissipation of HR liner (blue), FXW-1 liner (red) and FXW-2 liner (yellow),
110dB without grazing flow

a simple Helmholtz resonator. The corresponding dissipation A is depicted in blue, with
one dominant damping peak around 1000 Hz (Helmholtz resonance) and a second damping
peak around 1300 Hz, which depends on the liner length. The FXW-1 liner allows for much
stronger and wider damping, depicted in red with the same available space. The FXW
liners have multiple damping mechanisms: the Helmholtz resonance, which is similar to that
of the reference sample’s and additional damping due to the flexible walls. The damping is
extended towards lower and higher frequencies due to multiple structural resonances around
800 Hz, 1100 Hz for both FXW liners and 1500 Hz for FXW-1 and 1700 Hz for FXW-2. In
the case of only one dominant structural resonance, the damping would be extended either

2Parts of this section were published in Kohlenberg et al.l316l
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towards lower or higher frequencies, but not both. However, the additional dissipation due
to the flexible walls is less pronounced and more broadband compared to the single modular
resonator in the normal incidence setting from the previous section. One explanation for
this is that the multiple flexible plates in the resonator array are slightly different due to
manufacturing reasons with altered plate resonances. This would lead to a more broadband
acoustic behaviour. No strong additional damping below 600 Hz is observed, although
the same plate material (TPU) with the same plate area as the baseline configuration in
Section 6.2 was used. This may be because the flexible plate is mounted as a sidewall and
the second cavity is smaller (5mm instead of 15mm). The parameter study in Fig. 6.27
revealed that a small back cavity can suppress low plate resonances due to its increased
stiffness.

Doubling the number of flexible walls in each cavity (FXW-2) increases the flexible walls’
acoustic effect. The main dissipation peak of the FXW-2 liner, depicted in yellow, is shifted
towards lower frequencies even further and additional higher-frequency damping is visible
around 1700 Hz. However, dissipation is also decreased around 1400 Hz.

The spectra of all scattering coefficients for the HR and FXW-1 liner are shown in Fig. 6.42.
Note that the measurement point marks are dropped for better visibility. The introduction
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Figure 6.42.: Scattering coefficients of HR liner (dashed) and FXW-1 liner (solid) without
grazing flow

of the flexible walls shifts the transmission (7', red) towards lower frequencies and reduces
the reflection (R, blue) near the main resonance around 1100 Hz. Therefore, the combined
reduction of reflected acoustic energy and increased dissipation leads to a reduced sound
transmission of the novel liner concept.'?

The corresponding normalised impedance of the three liner samples is depicted in Fig. 6.43.
The reference liner has the lowest resistance and reactance. The resistance is relatively low
at approximately 0.3, except at low frequencies. Near the Helmholtz resonance at 1000 Hz
the reactance has a zero crossing and the resistance is slightly serrated, which might be

13 Alternatively, from a measurement point of view, the combined reduction of reflected and transmitted
sound leads to an amplified dissipation because the dissipation is calculated from the energetic reflection
and transmission coefficient, see Eq. (4.10).
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due to the impedance eduction method. In comparison, FXW-1 has a higher reactance
and, consequently, a slightly lower Helmholtz resonance. The resistance increases across
the entire frequency range to approximately 0.4 with a local maximum around 1500 Hz.
This flexible wall effect is amplified in the FXW-2 sample, where resistance values of up to
1.2 are reached around 1650 Hz. These frequencies coincide with the measured additional
dissipation of the FXW liner in Fig. 6.42. In contrast to the modular resonator described
in the previous section in the normal incidence setting, the influence of plate resonances
and antiresonances are less pronounced.
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Figure 6.43.: Normalised impedance of HR liner (solid), FXW-1 liner (dashed) and FXW-2
liner (dot-dashed), 110 dB without grazing flow

The effect of a high sound pressure level and grazing flow on the reference sample is displayed
in Fig. 6.44.
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Figure 6.44.: Dissipation of HR liner under high sound pressure level excitation and with
grazing flow

The HR liner shows higher damping at an incoming sound pressure level of 130 dB (red)
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compared to 110dB (blue). This can be explained by the fact that increasing the sound
pressure level leads to additional losses, as acoustic energy is converted into turbulent
energy due to jet formation near the Helmholtz resonance, where the sound particle velocity
is at its maximum, as explained in Section 2.3.4.

The introduction of a grazing flow with a centre-line Mach number of M= 0.2 alters the
sound field in the duct and demonstrates two aspects. First, the damping is increased
again due to the mean flow and turbulent effects, resulting in additional dissipation for
this particular liner set. Second, the damping is different in flow direction (downstream, -+,
yellow) and against flow direction (upstream, -, violet). The liner dissipation against flow
is more broadband in a lower frequency range, whereas peak dissipation shifts to higher
frequencies in flow direction. This is due to convective and refractive effects. Convection
increases attenuation against the flow direction because the sound waves travel slower over
the lined section. Refraction is due to the boundary layer profile near the duct walls, which
directs the sound wave towards the liner downstream/'%%: P- 1261 Note, that the optimal
impedance also depends on the flow direction, see Fig. 2.1.

The grazing flow also changes the liner impedance. The corresponding normalised impe-
dances of the reference liner are depicted in Fig. 6.45.
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Figure 6.45.: Normalised impedance of HR liner under high sound pressure level excitation
and with grazing flow

Increasing the amplitude of the incident sound pressure wave to 130 dB leads to a higher
resistance near the Helmholtz resonance around 1000 Hz, but does not affect the reactance
substantially. The grazing flow results in an overall higher resistance around 1 and a
reduced reactance near the Helmholtz resonance. In contrast, the resistance is only 0.2 —0.5
above 400 Hz. Therefore, the contribution of grazing flow resistance is much higher than
the viscous and nonlinear contributions. The educed impedance in flow direction is more
serrated for frequencies below 750 Hz.14

Similar relationships can be found for the FXW-1 liner in Fig. 6.46. The higher sound

MWhether a liner impedance of the same sample that differs with flow direction is meaningful or not is

not touched here and out of the scope of this thesis, e.g. see the discussion by Jones et al.l'?’l or Schulz et
all124],
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Figure 6.46.: Dissipation of FXW-1 liner under high sound pressure level excitation and
with grazing flow

pressure level mainly alters the dissipation near the Helmholtz resonance at 1000 Hz but only
minor near the additional damping due to the flexible plates around 700 Hz and 1500 Hz.
These results suggest that high sound pressure levels predominantly affect the acoustic
properties of the face sheet but not the flexible plates in the liner samples. However, in the
vicinity of the Helmholtz resonance, both the face sheet and possibly the flexible plate can
behave nonlinearly, i.e., amplitude-dependently. Therefore, a clear separation of the effects
is not possible. However, far away from the Helmholtz resonance, nonlinear effects should
only affect the flexible plate because no high sound particle velocities in the face sheet are
involved. Since the dissipation changes far away from the Helmholtz resonance are smaller,
this suggests that high sound pressure levels mainly affect the face sheet. Similar to the
HR liner, the dissipation of the FXW-1 liner with grazing flow is higher upstream than
downstream. The additional damping due the flexible walls around 1700 Hz is visible in
both directions.

The corresponding impedances for the FXW-1 liner are depicted in Fig. 6.47. Increasing
the sound pressure level of the incoming wave from 110 dB to 130 dB (dashed) results in a
slight additional resistance between 600 Hz and 1200 Hz, whereas the reactance is almost
identical. Compared with the baseline liner, the resistance is generally higher and more
serrated with grazing flow (dash-dotted in flow direction, dotted against flow direction),
which is linked to the used impedance eduction method. The altered reactance slope around
1500 Hz is still visible with grazing flow in both directions. This gives further reason that
the grazing flow mainly affects the face sheet characteristics.

Figure 6.48 displays a comparison between all liner samples under high sound pressure level
and with grazing flow. In flow direction (dashed), the reference performs better between
1000 Hz and 1600 Hz. This may be due to the reduced active liner area from the side-mounted
second cavities and consequently weaker dissipation near the Helmholtz resonance. The
advantages of the flexible walls only appear above 1700 Hz and below 1000 Hz, but are more
pronounced against flow direction (solid). The FXW-1 liner adds substantial dissipation
above 1400 Hz, whereas the FXW-2 liner adds low- and high-frequency dissipation.
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Figure 6.47.: Normalised impedance of FXW-1 liner under high sound pressure level excita-
tion and with grazing flow

Therefore, the experimental investigations showed that the liner concept with flexible walls
inside the cavities adds additional dissipation with and without grazing flow below and
above the Helmholtz resonance. Note that neither liner has been optimised but adapted for
a better comparison in the existing environment. Consequently, their geometries were chosen
to allow a fair comparison between the concepts rather than showing optimal dissipation.
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Figure 6.48.: Dissipation of HR liner (blue), FXW-1 liner (red) and FXW-2 liner (yellow)
at M =0.2, downstream (solid) and upstream (dashed)

6.4.2. Comparison with numerical predictions

The reference liner (HR) and the liner with one flexible wall (FXW-1) were modelled using
the numerical setup introduced in Chapter 5 to assess the damping contributions of the
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novel liner concept. The analytical model is not applicable to the liner with a flexible side
wall because it assumes a plane wave impinging on the flexible plate with normal incidence.
The numerical model enables the prediction of the scattering coefficients and analysis of the
pressure field inside the resonator and the plate vibrations that are difficult to determine
experimentally.

A comparison between the simulated and experimentally determined scattering coefficients
at an incoming wave amplitude of 110dB and no flow for the reference sample is shown
in Fig. 6.49. An excellent agreement was found for all scattering coefficients, with slight
differences away from the Helmholtz resonance. Therefore, the model can correctly predict
the reference liner’s acoustic properties.
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Figure 6.49.: Simulated and experimentally determined scattering coefficients for HR liner
at 110 dB incoming wave amplitude and no flow

The comparison between the prediction and test results of the FXW-1 liner sample is
depicted in Fig. 6.50. Again, a good agreement was found, as the numerical model correctly
predicted a higher dissipation at higher frequencies (> 1000 Hz) due to the presence of
the flexible walls. A comparison between Fig. 6.49 and Fig. 6.50 reveals that the reduced
transmission around 900 Hz and 1600 Hz is mainly due to increased dissipation, whereas
the energetic reflection coefficient remains relatively unchanged. The numerical model
predicts a stronger reflection around 1200 Hz than measured. Some differences between the
experimental and prediction results might be due to the neglection of the static pressure
difference (‘hole’ in Fig. 4.13). Another source of uncertainty is the boundary condition at
the plate edge. The plates were glued to the structure which is neither clamped nor simply
supported. The gluing process also involved slight pretension to prevent buckling. The
pretension is neglected in the simulation. Additional repeatability measurements of the
glued plates revealed a larger uncertainty with respect to the plate absorption compared to
the clamped plate, see Fig. 4.18. In addition, the Young’s modulus and loss coefficient of
thermoplastics are temperature- and frequency-dependent, which were not considered in
the numerical model.

The numerical simulations allow for a simultaneous analysis of the sound pressure field
and the plate vibration. Both are depicted in Fig. 6.51 with the incoming sound wave
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Figure 6.50.: Simulated and experimentally determined scattering coefficients for FXW-1
liner sample at 110 dB incoming wave amplitude without flow

coming from the left at 1000 Hz where strong dissipation occurs. Note that the plane
wave assumption breaks down above the liner. The pressure in the resonator cavities is
amplified, and the plate velocity pattern shows a combination of higher-order structural
modes. Notably, the instantaneous plate velocity fields differ between the cells, i.e., they
change depending on the phase of the incoming sound wave.

dB m/s
x107°

Figure 6.51.: Cut-view of sound pressure level field and plate velocities for FXW-1 liner
sample at 1000 Hz

Furthermore, the overall dissipation can be compared to the flexible plate’s vibration,
averaged over all flexible plates, as depicted in Fig. 6.52. The strongest vibrations of the
flexible plates are observed near the Helmholtz resonance due to the increased pressure
inside the cavities, visible in Fig. 6.51. For better comparison, the first six uneven in-vacuo
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Figure 6.52.: Comparison between overall dissipation, average plate velocity and corre-
sponding velocity fields of FXW-1 liner

eigenfrequencies of the flexible plate are depicted with vertical lines. The operating velocity
shapes near 200 Hz and 450 Hz are close to the corresponding eigenfrequency and resemble
the first and third eigenmode of the flexible wall. They show large velocities but are
too far away from the Helmholtz resonance frequency to significantly contribute to the
overall dissipation. Thus, to obtain strong additional damping, the lower eigenfrequencies
of the flexible walls must be tuned to be near the Helmholtz frequency. However, higher
operating velocity shapes also allow for additional high-frequency damping. The velocity
fields near the Helmholtz resonance do not correspond to ‘pure’ eigenmodes, even though
the eigenfrequency of the (1,5) mode is very close. These ‘mixed’ operating velocity shapes
appear to be a blend of different eigenmodes because they are not the same as in-vacuo
eigenmode shapes of a rectangular plate, as displayed in Fig. 2.12. This again suggests that
the resonance behaviour of the flexible plate is altered by the Helmholtz resonance and
second cavity. Another contributing factor is that the velocity of the flexible plate depends
on the pressure difference inside the cavity, which is higher near the Helmholtz resonance,
regardless of nearby eigenmodes. The depiction of the plate velocity fields in Fig. 6.52 is
captured at the highest mean velocity. However, the instantaneous velocity field depends
on the phase of the incoming acoustic excitation. This is visible in Fig. 6.51, as the plate
velocity fields differ for each cell, even though they are all excited at the same frequency at
1000 Hz.

The damping contributions of the flexible plates and the viscothermal boundaries inside the
cavities are depicted in Fig. 6.53. The cavity losses of all the main and second cavities are
calculated as the difference in the total dissipation between one simulation including core
losses and one simulation excluding core losses, i.e., a simulation without considering the
viscothermal losses at the cavity walls. The energy dissipated due to mechanical losses in
the plates is evaluated using the stress and strain tensor, as introduced in Section 5.3. The
flexible plates add substantial dissipation around 900 Hz and 1600 Hz whereas the influence
of the viscothermal boundaries at the rigid walls inside the core is negligible.
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Figure 6.53.: Damping contributions of the flexible plates and viscothermal boundaries
inside the cavities to the total FXW-1 liner dissipation

Summed up, the liner sample investigations showed that the flexible walls provide additional
dissipation compared to a reference Helmholtz resonator liner with and without grazing flow.
It was shown that this liner concept is a suitable silencer, because it is acoustically beneficial,
can be manufactured and can be predicted using numerical methods. The numerical methods
revealed that the flexible side walls add significant dissipation lower and higher than the
Helmholtz resonance when placed inside the liner. Their operating velocity shapes were
found to be different to the plate eigenmodes and their shape depends on the phase of the
incoming wave. Future optimisation is possible using the presented numerical model to
assess the full noise attenuation capabilities.
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7. Conclusion and Outlook

This thesis investigated a novel liner concept to dampen the low-frequency and broadband
noise of future aircraft engines. The concept combines airborne and structural resonances
by subdividing the cavity of a Helmholtz resonator using a flexible wall. The system was
investigated analytically, numerically, and experimentally. Each approach contributed to a
deeper understanding of the underlying physical principles and highlighted the benefits of
the novel liner concept.

Experimental results

A modular resonator cell was designed and manufactured to test different face sheets and
flexible plates. The impedance and absorption were measured in a normal incidence setting.
It was successfully demonstrated that a flexible plate extends the absorption spectrum of a
Helmbholtz resonator with additional low and high frequency resonances. These resonances
were separated by simultaneously measuring the acoustic absorption by microphones with
a normal incidence tube and the plate velocity through a transparent back wall with a
vibrometer setup. Additionally, it was shown that the plate contribution could also be
distinguished by a plane wave decomposition with microphones inside the resonator. It was
shown that the overall resonance behaviour of the Helmholtz resonator coupled to a flexible
plate is different from the individual resonances. Additional data from the microphone in
the back cavity showed that the dynamic pressure difference is the driving force of the plate
oscillations in the steady state. The modular sample design enabled the testing of different
face sheets, plate geometries, and plate materials. The face sheet should be chosen such
that the Helmholtz resonance frequency is in the vicinity of plate resonances. Polymers,
such as TPU and EBA, are suitable choices as plate materials because of their low Young’s
modulus and high mechanical losses. Aluminium was not found to be a good alternative
because of its high stiffness and low mechanical losses.

To test the benefits of the novel liner concept under more realistic conditions with high
sound pressure levels and grazing flow, two multi-cell liner comprising multiple Helmholtz
resonators with one or two flexible side walls were designed and manufactured. The
measurement results showed that the liner concept with flexible walls inside the cavities
adds additional dissipation with and without grazing flow below and above the Helmholtz
resonance. The acoustic benefits of the flexible walls were highlighted in a favourable
comparison with a reference single-degree-of-freedom Helmholtz resonator liner. Therefore,
it can be concluded that the liner concept of Helmholtz resonators with flexible walls is a
suitable silencer.

Analytical model

An analytical model of the system was derived based on existing models from the literature
to understand the relevant effects and predict the system’s behaviour. The proposed
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analytical model combines the effects of the face sheet, the main and the back cavities
and the flexible intermediate plate between both cavities, which can be either circular or
rectangular. The model assumes an acoustic plane wave inside the cavities and in the
vicinity of the flexible plate and small plate deflections. Possible modal interactions between
cavity air modes and structural plate modes are neglected.

The analytical model’s prediction quality was assessed by comparing it with the experimental
results of the modular resonator system. A good agreement was found with the experimental
data for different face sheets and circular and rectangular plates made of TPU. Therefore,
the analytical model can be used to successfully predict the system’s acoustic behaviour.
Some differences were found for a resonator with large plates, other materials, and high
sound pressure level. The latter is expected because the analytical model only considers
the nonlinear effects of the face sheet but not due to large deflections of the flexible plate.

Parameter study

The computational speed of the analytical model was exploited in a parameter study. Tuning
individual parameters helped to gain a better understanding of the system’s sensitivity.
The analytical model revealed that face sheet parameters and main cavity depth primarily
influence the Helmholtz resonance, whereas plate size and material, along with back cavity
depth, primarily affect the plate resonances. In the case of a flexible polymer plate, the
temperature affects both resonance types because the speed of sound as well as the complex
stiffness are temperature-dependent. The main finding of the parameter study is that
absorption due to plate resonances is enhanced if the Helmholtz resonance is nearby. This
means that tuning the Helmholtz resonance also affects the flexible plate’s absorptive
capabilities. Therefore, looking at the individual elements alone is insufficient. The
eigenfrequencies of the flexible plate give a first estimate of the number and frequency of
the expected additional absorption peaks. However, they differ because the vibration of the
plate is affected by the air in the back cavity and the Helmholtz resonance. If the Helmholtz
resonance coincides with a plate resonance, the resonances split up, a phenomenon known
as eigenvalue veering.

The plate size and the face sheet can be tuned such that the Helmholtz resonance frequency
lies between multiple radial plate modes to obtain a broad absorption spectrum with
multiple absorption peaks. The closer the Helmholtz resonance, the more absorptive the
nearby plate resonances.

Numerical model

A numerical finite element model of the same system was created using a commercial
software that spatially resolves the acoustic sound pressure inside the cavity and the
deflection of the flexible plate. Numerical and analytical models concur in their predictions
for most configurations. This gives further confidence in the analytical model that the
assumptions of the analytical model generally hold. Differences between the two approaches
were observed for very thin and very large plates. This can be explained by visualising the
sound pressure field in the vicinity of the flexible plate using the finite element model. The
sound field in the vicinity of the flexible plate is no longer a plane wave for very large plates
with complex mode shapes, which is an assumption of the analytical model. Numerical
simulations of the multi-cell liner revealed that the flexible side walls add substantial
dissipation lower and higher than the Helmholtz resonance when placed inside the liner.
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Their operating velocity shapes were found to be different to plate eigenforms, and their
shape depends on the phase of the incoming wave.

It was shown that the damping mechanisms of the novel liner concept can be modelled
accurately with both approaches. Both models have proven to be valuable tools with
specific advantages. The computational speed of the analytical model can be exploited for
future optimisation of the geometries and materials. The numerical model can be used for
flexible side walls, complex geometries, and if greater precision or spatial pressure and plate
deflection distribution analysis is required.

Outlook and future work

Great progress has been achieved to mature the concept but still some open questions
remain. This work focused on the general applicability and understanding of the physical
mechanism of the liner concept. In the analytical model, the cavity is represented as a
one-dimensional waveguide with a plane wave impinging on the flexible plate as one element.
When the flexible wall is mounted as a side wall, the plane wave propagation direction is
parallel to the wall, and the current analytical model is not applicable but needs to be
adapted. This can be overcome in the future by resolving the air in the cavity as a modal
field and coupling these modes to the flexible plates mode similar to plate silencer models.

Conventional liner structures have a honeycomb structure because of their high stiffness-to-
weight ratio. The presented results showed that covering a large portion of the cross section
with a flexible plate is acoustically beneficial. This means that ideally, the flexible plate
should match the hexagonal shape of the cavity. Therefore, the analytical and numerical
model should be extended to hexagonal shapes to match the cavity cross section. Finally,
the potential of adding a concentrated mass at the plate centre for resonance tuning or the
effect of a variable thickness as a ‘acoustic black hole’ may be explored.

The investigated flexible walls subdivide the cavity with the back cavity not connected to
the duct. To save space, one can use a shared flexible side wall between two Helmholtz
resonators. Previous research has shown that a direct coupling of two similar Helmholtz
resonators with a shared flexible side wall is not beneficial because of the lack of dynamic
pressure difference to excite the flexible wall. However, this may be overcome using a flexible
side wall of two neighbouring, but distinct Helmholtz resonators without a second cavity.
In this case, a dynamic pressure difference is expected at both distinct Helmholtz resonance
frequencies. Since plate resonances were found to be more effective near a Helmholtz
resonance, having two Helmholtz resonances may lead to even more broadband damping.

The resonator array samples demonstrate that a prototype liner with embedded flexible walls
can be manufactured. However, the acoustic measurements of single, slightly prestressed
glued plates displayed some variation in the measured absorption. Therefore, great care
should be taken to ensure repeatable manufacturing to prevent unforeseen mismatches
between prediction and experiment. Exploring the potential of alternative manufacturing
techniques, including the sonic welding of flexible plates onto cavity structures or additive
manufacturing, is recommended for the industrial-scale production of liners with flexible
walls. The models presented in this thesis can be used to determine the optimal mechanical
properties of flexible plates. These optimal materials must then be checked to determine
whether they can withstand the harsh conditions during flight operation. Finally, other
non-acoustical requirements, such as reliability or costs, must be addressed for a successful
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future application in a real aeroplane engine. However, the concept is not limited to aircraft
liners and can also be applied to other applications, such as heating, ventilation, and
air conditioning systems or room acoustics, that require low-frequency broadband noise
reduction with limited space.

Even the finite element models investigated in this work include strong simplifications.
Certain plate effects, such as pretension, large deformations, or mechanical losses at the
edges, are neglected. However, determining a possible pretension and quantifying edge
losses as input parameters for numerical simulations is challenging. Large deformations are
resolvable but require a different numerical plate model, and resolving the full stress-strain
tensor within the plate may be more appropriate than employing a shell approximation.
This was not possible with the available computational power during this study but may
be feasible for future investigations.

The face sheet was modelled as a transfer impedance and therefore does not resolve the fluid
flow in the vicinity of the face sheet. A more sophisticated numerical model would resolve
the boundary layer and turbulent flow effects. The interaction between high-sound-pressure
levels, grazing flow, and acoustic waves is challenging in itself, and the introduction of a
flexible wall complicates it even further. For example, jets are formed if the sound particle
velocity amplitude exceeds the facesheet thickness. These jets may interact with the flexible
plate for thin cavities, which must be addressed accordingly. Grazing flow may also lead
to a difference in static pressure between the main and the back cavities if no pressure
equilibrium hole is introduced. On the one hand, if the hole is too small, the flexible plate
may be prestressed due to a difference in static pressure, leading to unknown differences
with predictions. On the other hand, if the hole is too large, the dynamic pressure difference
between the cavities is bridged, which reduces plate vibrations. Therefore, the optimal hole
size should be investigated either experimentally (i.e., by drilling different-sized holes into
the plate holder) or numerically. This aspect is similar to the drainage holes in conventional
liners to ensure that unwanted environmental fluids do not agglomerate inside the liner
cavities.

This work serves as a foundation for such more advanced research studies to explore the
full potential of Helmholtz resonators with flexible walls in a multi-objective optimisation.
Hopefully, this enables a practical application of the concept in aero engines or other
environments where low-frequency and broadband noise damping with little available space
is needed.
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A. Appendix

A.1. Volume displacement of a clamped circular plate

This brief section presents the calculation of the volume displacement of a clamped circular
plate during the derivation of the equivalent impedance in Section 2.4.2. For ease of
notation the argument of the Bessel functions is dropped if the argument is a scalar: e.g.
Jo(knRp) = Jo. Additionally, for the same reason, in this section ki, = k and R, = R.
Arguments of functions are denoted with round brackets, whereas square brackets imply
multiplication. With these prerequisites, the mean displacement of a clamped circular plate
due to a plane wave excitation Wavg in Eq. (2.64) can be expressed as follows:

R
Wavg = 27r/ Erdr (A1)
0
B Ap I Ji
=2 —_ Jo(k Io(kr) — 1| rd A2
”./0 k1D {JoIlJrJlIo Jotkr) ¥ 3 h 5y o) }r ' 42
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in which the following identities have been used:

/Jg(al‘)mdw = % +c /Io((w:)mdw = @ +c (A.12)
2J1(z) — xJy = xJa(z) 21 (z) — xly = —xlr(z). (A.13)

A.2. Additional vibrometer setup information

This brief section provides additional information about the vibrometer setup.

The laser beam of the vibrometer must pass through the transparent back wall. If the
transparent back wall vibrates, then the vibration of the transparent wall corrupts the
measured plate vibration. The flexible plate is mounted inside a plate holder. If the plate
holder vibrates, then the measured plate vibration is corrupted by the plate holder motion.
Therefore, the vibrometer was focused on the back plate and plate holder to measure their
in-situ vibration. Photographs of the vibrometer setup and the measured velocity of the
flexible plate, the plate holder and the back plate are presented in Fig. A.1. Because the
vibration amplitude of the flexible plate is orders of magnitude higher than those of the
other parts, their influence was found to be negligible.

The transparency of the back wall was assessed by measuring the vibration of the flexible
plate with and without the transparent back wall at a sufficient distance from the resonator.
Photographs of the different setups are presented in Fig. A.2. These setups isolate the effect
of the transparent back wall, thereby avoiding the change of vibration behaviour between
open and closed back cavities. The plate vibration velocity and the absorption between a
distanced and removed transparent back plate agreed very well in Fig. A.2. Therefore, the
transparent back wall can be assumed to be sufficiently transparent.

Because TPU is transparent, a reflective colour had to be added to the centre point to
measure the vibration. The spectra with and without reflective colour agree in Fig. A.3.
Therefore, adding a reflective colour to the centre point did not significantly alter the
behaviour of the plate.
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Figure A.1.: Setup and comparison to show that the plate holder and back plate show no

significant vibration. The sound pressure level excitation was 110 dB for all
cases.
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(a) Vibrometer setup with distanced back wall (b) Vibrometer setup with no back wall
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Figure A.2.: Setup and comparison to show that the transparent back wall does not affect
the measured plate vibration. The sound pressure level excitation was 100 dB
for all cases. Removing the back wall shifts the plate related absorption peak
towards lower frequencies.
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Figure A.3.: Absorption of the resonator at DUCT-NIT with a flexible plate with a diameter
of 30 mm without (solid) and with reflective marking in the centre (dashed)
to enable vibrometer measurements. A slight difference is visible, which also
might be random.
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A.3. Numerical mesh study

A mesh refinement study of the numerical models was conducted to evaluate the necessary
resolution for simulating the acoustic effects with sufficient accuracy and minimal computa-
tional expense. The normal incidence absorption and the average plate velocity were chosen
as the outcome parameters to evaluate the simulation accuracy in this mesh refinement
study. For meshes used in finite element methods for acoustic problems, a general guideline
is that six quadratic elements per wavelength in the air domain are usually sufficient to
accurately model the acoustic field. However, no such well-recognised rule exists for the
resolution of plate vibrations.

Four different meshes with different resolutions were tested. Their properties are stated in
Table A.1.

Table A.1.: Mesh properties, normal incidence case

Mesh type Coarse Baseline Fine Very Fine Quarter
(Fig. Ada) (Fig. Adb) (Fig. Adc) (Fig. Add) (Fig. A.7)
Max. plate dy/5 dy/10 d,/20 dy/40 dy/10
element size
Number of 3378 7402 28870 112524 2014
elements
Computation 2.3 5 24.5 154 1.7

time in min

A depiction of the meshes can be found in Fig. A.4. The channel is a structured mesh
with six quadratic elements per wavelength. The mesh inside the resonator was a free
tetrahedral mesh with a maximum element size of six quadratic elements per wavelength
and a maximum growth factor of 1.2. For the baseline mesh Fig. A.4b, the maximum
element size at the plate surface was set to d,,/10. The latter value was changed to d;,/5
for the coarse mesh (Fig. A.4a) and d;,/20 or dp,/40 for the fine (Fig. A.4c) and very fine
mesh (Fig. A.4d), respectively. The plate diameter is 30 mm. Changes in plate resolution
also affect the mesh in the resonator volume linked by the growth factor. The frequency
resolution was set to 5 Hz between 5Hz and 4000 Hz.

The corresponding absorption spectra are depicted in Fig. A.5. The results largely overlap.
The only marginal differences in the absorption can be observed near higher plate resonances
around 1400 Hz. The largest difference was observed between the coarse mesh (blue) and
the baseline mesh (orange). Using a finer mesh than the baseline mesh does not result in
significantly different results. The same conclusion can be drawn from the mean absolute
plate velocity spectra for the different meshes in Fig. A.6.

Thus, a maximum element size of dj,/10 at the plate was sufficient to resolve both the
overall acoustic performance (absorption) and the plate behaviour (mean absolute plate
velocity). Similar results were achieved for the resonator with a rectangular flexible plate,
with the maximum element size being I,,/10, where I, refers to the shortest side of the plate.

Symmetric boundary conditions of the model were used to further increase the computation
speed. The normal incidence model is double-symmetric, and the mesh size can be reduced
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Figure A .4.: Different mesh resolutions
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Figure A.5.: Absorption for different mesh resolutions

to a quarter of its initial size. The quarter model with the mesh resolution of the baseline
case is depicted in Fig. A.7; the symmetry conditions are applied at the top and right plane

or edge, respectively.
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Figure A.6.: Mean absolute plate velocity for different mesh resolutions

Figure A.7.: Quarter mesh with double symmetric (top and right side) boundary conditions

The predicted absorption spectra are presented in Fig. A.8. As the predictions align nearly
perfectly, the quarter wave model is able to achieve the same accuracy as the full model in
a fraction of the computation time.

A similar study was conducted for the grazing incidence configuration, i.e., the liner sample
with one flexible wall (FXW-1) in the DUCT-R setting, to evaluate exploiting the symmetry.
The mesh properties are stated in Table A.2.

Notably, the computation time of the full model is more than double than that of the
half model. This might be because the temporary data exceeded the single workstation’s
random-access memory and had to be stored in the solid-state drive, which slowed down
computation. The corresponding full and half models with a symmetry condition are
depicted in Fig. A.9; additional information can be found in Table A.2. The predicted
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Figure A.8.: Absorption as predicted by the full model and the quarter model

Table A.2.: Mesh properties, grazing incidence case

Mesh type Full (Fig. A.9a) Half (Fig. A.9b)
Number of elements 186100 93205
Computation time in min 119 33

scattering coefficients are plotted in Fig. A.10, with perfect alignment between the full and

half models for all parameter predictions.

(a) Full mesh (b) Half mesh

Figure A.9.: Grazing incidence meshes of FXW-1 model
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A.4. Additional comparisons between analytical and numerical

models
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Figure A.11.: Comparison between analytical (left) and numerical (right) absorption maps.
First row: Variation of face sheet hole diameter dy,, second row: Variation of
face sheet thickness hg, third row: Variation of face sheet porosity o
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